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Abstract
Emphasis on reducing fossil fuel consumption and greenhouse gas emissions,
besides the demand for autonomy in vehicles, made governments and automotive
industries move towards electrification. The integration of an electric motor with
battery packs and on-board electronics has created new thermal challenges due to
the heat loads’ operating conditions, design configurations, and heat generation rates.
This paradigm shift necessitates an innovative thermal management system that can
accommodate low, moderate, and high heat dissipations with minimal electrical or
mechanical power requirements.
This dissertation proposes an advanced hybrid cooling system featuring passive
and active cooling solutions in a thermal bus configuration. The main purpose is
to maintain the heat loads’ operating temperatures with zero to minimum power
requirements and improved packaging, durability, and reliability. In many operating
instances, a passive approach may be adequate to remove heat from the thermal source
(e.g., electric motor) while a heavy load would demand both the passive and active
cooling systems operate together for reduced electric power consumption. Further, in
the event of a failure (e.g., coolant hose leak, radiator tube leak) in the conventional
system, the passive system offers a redundant operating mode for continued operation
at reduced loads. Besides, the minimization of required convective heat transfer (e.g.,
ram air effect) about the components for supplemental cooling enables creative vehicle
ii

component placement options and optimizations.
Throughout this research, several cooling system architectures are introduced
for electric vehicle thermal management. Each design is followed by a mathematical model that evaluates the steady-state and transient thermal responses of the
integrated heat load(s) and the developed cooling system. The designs and the mathematical models are then validated through a series of thermal tests for a variety of
driving cycles. Then, the cooling system design configuration is optimized using the
validated mathematical model for a particular application. The nonlinear optimization study demonstrates that a 50% mass reduction could be achieved for a continuous
12kW heat-dissipating demand while the electric motor operating temperature has
remained below 65◦ C. Next, several real-time controllers are designed to engage the
active cooling system for precise, stable, and predictable temperature regulation of
the electric motor and reduced power consumption. A complete experimental setup
compares the controllers in the laboratory’s environment. The experimental results
indicate that the nonlinear model predictive control reduces the fan power consumption by 73% for a 5% increase in the pump power usage compared to classical control
for a specific 60-minute driving cycle.
In conclusion, the conducted experimental and numerical studies demonstrate
that the proposed hybrid cooling strategy is an effective solution for the next generation of electrified civilian and combat ground vehicles. It significantly reduces the
reliance on fossil fuels and increases vehicle range and safety while offering a silent
mode of operation. Future work is to implement the developed hybrid cooling system
on an actual electric vehicle, validate the design, and identify challenges on the road.
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Chapter 1
Introduction
The global energy demand has significantly increased in the last decades, primarily due to dramatic industrial and economic growth in developing countries. Due
to the increased demand, United States is required to import a portion of the consuming oil and gas from unstable regions, which creates concerns over the energy
security [1]. In terms of energy, gasoline is the dominant transportation fuel, followed
by distillates, jet fuel, biofuel, and natural gas. According to the U.S. Energy Information Agency, the U.S. transportation sector consumed 28% of the total U.S. energy which makes it the second-largest energy-consuming sector in the U.S. In 2019,
fossil fuels accounted for about 90% of the total U.S transportation sector energy
consumption while electric power accounted 1% in this sector. Using more energyefficient vehicles like hybrid and plug-in electric vehicles will directly impact this large
amount of fuel consumption. The mobility shift to electrified vehicles supports the
U.S. economy, helps diversify the U.S. transportation fleet and reduces the impact of
international supply disruptions. All of these advantages add to our nation’s energy
security.
In terms of environment, electric and hybrid vehicles can reduce greenhouse
1

gas emissions [2]. Environmental and economic issues associated with the traditional
vehicle design configuration provide compelling motivation to develop an efficient
vehicle with minimum reliance on fossil fuel consumption [3]. This impetus has increased the demand for hybrid and electric vehicles to enhance the United States’
national security and reduce vehicle exhaust gas emissions. A hybrid electric vehicle
(HEV) relies on the electric drive for many instances and consumes less fossil fuel
during the operation. This strategy minimizes the demand for importing oil from
foreign countries. Likewise, an all-electric vehicle (EV) is solely powered by electric
power, which simply can be produced in the U.S. from natural gas, domestic coal,
nuclear energy, and renewable resources. In addition, the electric propulsion enables
autonomy for the next generation of combat and civilian vehicles.
This paradigm shift to electric propulsion systems creates new thermal challenges for mobility due to the heat loads’ design configurations, unique operating
conditions, and reduced heat generation rates. Therefore, there is an increasing demand for an advanced thermal management system that can maintain the integrated
heat loads (e.g., electric motors, battery packs, on-board electronics, etc.) with optimum power consumption [4, 5].

1.1

Motivation
The prevalence of hybrid vehicles is continuously increasing in urban trans-

portation. However, there are still mobility challenges that must be addressed. The
challenges include, but are not limited to, restricted vehicle range, access to charging
stations, and practicality in battlefields. Extensive research has been conducted on
various types of hybrid vehicles to comply with the demands for improved vehicle performance, mobility, reliability, durability, and survivability for on-road and off-road
2

driving conditions. A suitable solution must address the constraints mentioned above
while offering improved energy efficiency.
The advantages of vehicle electrification are illustrated by comparing hybrid
vehicles with traditional vehicles in terms of efficiency, performance, weight, noise,
mobility, and safety. Hybrid vehicles feature a rechargeable battery pack in addition to a fuel tank, which enhances the vehicle range on a single fill-up. They offer
immediate, fast, and smooth acceleration due to continuous torque with high power
to weight ratio delivered by electric motors. Additionally, hybrid vehicles are typically reduced in weight; the hybrid configuration allows the integration of a compact
size internal combustion engine instead of using a single giant traditional engine.
The new configuration impacts the power requirements due to the lower torque applied to the wheels. Vehicle electrification also offers a silent operating mode and
reduces heat-sensing infrared scope detections on the electric mode. This electrification then enables a design that supplies a sufficient amount of electricity for powering
non-vehicular applications. These distinct advantages have made hybrid and electric vehicles a sustainable alternative for the next generation of civilian and combat
vehicles.
One of the critical design considerations for vehicle electrification is thermal
management. For electric motors, the rated and peak torques are limited due to
heat accumulated within the housing. The electric current flowing within the stator
windings generates a significant amount of heat that must be properly carried out
of the housing structure with low energy consumption. Otherwise, it raises the motor’s temperature and restricts the operation. Similarly, a battery pack is generating
heat while charging or discharging. The excess heat should be removed properly so
that the battery pack’s temperature is maintained around the target temperature.
The temperature regulation secures the battery pack’s operation and enhances its
3

durability over time.
Current cooling practices include conventional liquid cooling systems containing a mechanical belt-driven water pump, fan, radiator, wax-based thermostat, and
hoses. The pump generally takes the engine’s rotational energy to circulate the
coolant fluid between the engine block and the radiator. The coolant can flow between
the cylinder heads through built-in fluid passages that typically designed in an engine
block. The heated coolant then flows towards the radiator structure, where the heat
is dissipated to the ambient surroundings via free or forced convection. Although this
approach is effective for internal combustion engines, it may pose unique challenges,
including high power consumption, noise generation, and maintenance cost.
In recent developments, the cooling system’s mechanical components are replaced with electromechanical actuators such as variable speed electric coolant pump,
compressor, radiator fans, and variable position electric coolant valve. These electromechanical components enable the application of model-based controllers to predict heat rejection needs and regulate the actuator’s operation to achieve them.
Physics-based nonlinear controllers offer significant improvements in both cooling
power conservation and component temperature tracking.
This dissertation aims to design and develop an advanced thermal management
strategy that addresses the cooling challenges and minimizes the power requirements
for hybrid and electric vehicles. The proposed strategy emphasizes passive cooling
solutions besides a supplementary smart liquid cooling system. Some of the applications for the proposed thermal management strategy include (i) electric propulsion
motors and associated battery banks, (ii) auxiliary power units (APUs) which are often characterized by high power stationary operation, (iii) silent field operation with
extensive battery and power electronic usage with passive heat rejection, (iv) retrofit
of existing cooling systems to avoid component peak heat loads for improved system
4

durability, and (v) cooling challenges due to electronic control units placed within
engine compartments which result in a severe operating environment.

1.2

Hybrid Thermal Management
An enhancement in designing improved efficiency combustion engines and cre-

ating high-efficiency electric motors accelerate the mobility shift to low-cost, environmentally friendly vehicles. The integration of electric motors with battery packs
significantly reduces the amount of heat generated during the operations. The heat
reduction creates a demand for an advanced thermal management system that accommodates low, medium, and relatively high heat generations with zero to minimum
power consumption. An innovative cooling system features a passive heat rejection
pathway parallel with a supplementary intelligent liquid cooling system. In many
operating scenarios, a passive approach may be adequate to remove heat from the
thermal source (e.g., internal combustion engine, electric motor) while a heavy load
cycle would demand that both the active and passive systems operate together (i.e.,
a hybrid mode).
The proposed hybrid cooling system schematic is displayed in Fig. 1.1. The
heat source, or thermal load, will be interfaced to the thermal bus by designing an
optimized heat transfer surface area to promote increased convective heat transfer
performance. The thermal bus material selection will take into consideration the
structure flexibility, system weight, packaging issues, and most importantly, thermal
properties. The heat sink can be a conventional air-liquid heat exchanger or an aircooling heat exchanger with micro-channels or finned surface inside. Ambient air
circulates through the heat exchanger and discharges the heat to the surroundings.
Both natural ram air cooling (passive method) and forced convection cooling (with
5

an electric fan array) will be investigated. The proposed cooling structure is expected
to offer a more compact structure, fewer cooling actuators, improved overall system
safety, and higher heat removal efficiency.

Figure 1.1: Hybrid cooling system architecture with multiple heat transfer pathways.

In the passive approach, an advanced material designed cradle, a two-phase
system thermal bus, and a high-efficiency heat exchanger will be optimized to remove
heat from the source and reject it to the ambient surroundings. For the active solution,
a conventional liquid cooling with radiator and pump will be designed for large heat
rejection needs. A real-time control system will engage the active cooling system for
optimal heat rejection under heavy loads. As shown in Fig. 1.2, the heat source
can be cooled by the conventional and/or passive system. In the latter, the cradle
surrounds the component to remove heat, interface with the thermal bus, and then
discharge to the ambient through an advanced heat exchanger.
Three immediate strengths are apparent in this proposed cooling system approach. First, an active switching strategy between passive and passive/active based
on thermal load will allow for the minimization of cooling system power consump6

tion. Second, in the event of a failure in the conventional system (e.g., coolant hose
leak, radiator tube leak), the passive system offers a redundant operating mode for
continued operation at reduced thermal loads. Third, the minimization of required
convective heat transfer (e.g., ram air flow) about the component, initially electric
motors and power electronics, for supplemental cooling enables creative vehicle component placement options and optimizations.
The recognition that a passive cooling approach for large prolonged thermal
loads, especially large electric motors and internal combustion engines, will be insufficient leads to a hybrid design that also features a conventional radiator-pump
configuration. Accordingly, a control strategy will be incorporated to operate the
three electro-mechanical actuators (e.g., radiator fans, coolant pump, and passive
heat exchanger fans). In this manner, the fan and pump variable speeds (0-100%)
can be regulated through the monitoring of system temperatures, requested power
for vehicle propulsion and electrical equipment, and ambient conditions. A nonlinear control structure will be developed that adjusts the fan and pump speeds with
sensor data to minimize power consumption while meeting the thermal demands for
each component per various military operating scenarios, including convoy escort and
urban assault. In the event of a conventional cooling system failure, a “limp home”
mode will be identified that will allow continued operation at reduced performance
levels to enable mission continuation.

1.3

Research Objective and Approach
A series of objectives are completed throughout this dissertation to develop

mathematical models, analysis toolsets, and experiments to study and investigate
the hybrid cooling system performance for electric vehicle applications. The research
7

objectives include:
• Propose a novel vehicle cooling system architecture that features a thermal bus
structure created with advanced materials and devices.
• Design an innovative thermal interface cradle structure per given application
to channel the emitted heat to the thermal bus structure for rejection to surroundings.
• Emphasize passive, active, and hybrid cooling strategies to minimize the thermal
system power consumption.
• Develop mathematical models to evaluate the cooling system’s performance.
Validate the mathematical model through a series of experimental testing for
steady-state and transient inputs.
• Minimize cooling system power usage with respect to the operating cycles and
ambient conditions using supervisory control algorithms.
• Optimize the cooling system design configuration for a vehicle placement with
respect to space limitations, heat-dissipating requirements, and operating conditions.

1.4

Dissertation Organization
The dissertation offers several cooling system architectures for electric vehicle

thermal management. Each design is followed by a mathematical model that evaluates the steady-state and transient thermal responses of the integrated heat load(s)
and the cooling system. The designs and the mathematical models are then validated
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through a series of thermal tests for several driving cycles. Then, a nonlinear optimization approach optimized the cooling system configuration using the validated
mathematical model for a particular application. Next, a complete numerical and
experimental study designed and developed four real-time controllers to engage the
active cooling system for precise, stable, and predictable temperature regulation of
the electric motor and reduced power consumption.
Chapter two proposes a hybrid cooling system strategy for electric and hybrid
vehicle. The integration of advanced materials in thermal bus structure is studied. A
closed-loop pulsating heat pipe passively picks up the heat from a heat source (e.g.,
internal combustion engine, electric motor, battery pack, power electronic, etc.) and
delivers the collected heat to a remote heat exchanger. A numerical modeled describes
the cooling system’s thermal behavior subject to a specific transient heat input. The
simulation results indicated that the heat dissipation rate is significantly influenced
by heat pipe length, diameter, and the temperature difference between the heat load
and the bus.
Chapter three designs a hybrid cooling system featuring multiple heat rejection
pathways for an in-hub electric motor used in electric vehicles. The cooling system
contains a thermal bus created from a loop heat pipe, carbon fiber, high thermal
conductivity material besides a conventional liquid cooling system to reject the excess
heat to the ambient surroundings. A representative mathematical model studies the
thermal stability, heat dissipation capabilities, and external power requirements for
several driving cycles. The numerical results show that the heat transfer capabilities of
high thermal conductivity and carbon fiber are limited for long-distance heat transfer
applications, but the loop heat pipe could provide significant improvements for passive
cooling.
Chapter three explains an experimental study conducted to evaluate the math9

ematical model developed for the hybrid system featuring multiple passive cooling
channels with a traditional liquid cooling system. The laboratory experiment includes a thermal cradle, multiple heat rejection pathways, and heat exchangers to
collect, transfer, and dissipate the generated heat to the ambient surroundings. The
thermal bus design incorporates carbon fiber, high thermal conductivity material, and
thermosyphon with a supplementary conventional active cooling system. A computercontrolled emulated electric motor is applied to the cooling system to investigate the
thermal responses for two different operating scenarios. The experimental test results
demonstrate that up to 93% energy consumption can be saved during a light load
while the electric motor maintains a target core temperature of 70◦ C.
Chapter four investigates an innovative hybrid cooling system using heat pipes
in a radial fashion embedded in thermal cradle structure for an electric motor. The
cooling system’s performance is explored through numerical modeling and benchtop
experimental testing. The passive mode of heat transfer includes multiple capillary
heat pipes embedded within the electric motor cradle structure. The heat pipes collect the generated heat from the electric motor housing structure for transferring to
a local heat exchanger attached to the electric motor. A supplemental conventional
cooling system, composed of a variable speed coolant pump and radiator fan, is then
supplied to the electric motor through a copper pipe coiled around the thermal cradle.
The hybrid cooling system is mathematically modeled using a lumped parameter approach, and the dynamic behavior of the system is examined. Then, an experimental
setup was designed and fabricated in the laboratory to validate the numerical results.
A good agreement between the numerical and experimental results are observed. The
results compare the temperature, heat flux, and power consumptions for the hybrid
cooling system subject to 250VA heat input. The results indicate that integrating the
passive cooling system could save up to 33% of power usage while the electric motor
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operating condition is secured.
Chapter five optimizes an electric motor cooling system design configuration
for a light-duty electric vehicle. The design variables are the motor cradle volume,
the number of heat pipes, the coolant reservoir dimensions, and the heat exchangers’
sizes. The cost function represents the cooling system size, weight, and thermal
performance. The constraints are imposed based on vehicle size and the maximum
cooling capacity required per operating cycle. The numerical study demonstrate
that a 50% mass reduction could be achieved for a continuous 12kW heat-dissipating
demand while the electric motor operating temperature has remained below 65◦ C.
The weight reduction could also significantly impact the amount of torque applied to
the electric motor, which reduces the overall battery usage. The mathematical model
establishes a design tool for system sizing for electric motor propelled vehicles.
Chapter six develops an intelligent liquid cooling system that offers on demand
cooling in a hybrid configuration with a passive system. The conventional liquid
cooling system is initially upgraded with a variable frequency drive, a variable speed
AC fan and DC pump, and a real-time controller. Once it is incorporated with
a passive cooling pathway, the advanced cooling system enables precise on-demand
cooling with optimal coolant pump and radiator fan speeds to minimize the cooling
system power consumption, operating time, and noise generation with an improved
temperature tracking system. The study developed four real time controllers based
on nonlinear model predictive controller, classical PI control, sliding mode control,
and stateflow algorithms. The real-time controllers will engage the active cooling
system for optimum operating under heavy load. An experimental setup is designed
and established to compare the controllers’ performance in terms of overall power
consumption and temperature tracking. The experimental results indicate that the
nonlinear model predictive control method is the most efficient method, which could
11

reduce the fan power consumption by 73% for a 5% increase in the pump power usage
compared to classical control for a specific 60-minute driving cycle.
Overall, the presented research study aims to develop the basis for making a
paradigm shift in electric vehicle thermal management systems. Electrified propulsion
system with an electric motor, battery packs, and onboard electronics created new
thermal challenges which need to be addressed for the next generation of ground
vehicles. The dissertation introduces a hybrid cooling strategy that incorporates a
passive cooling solution(s) besides an active cooling system in a thermal bus concept.
When properly designed, the hybrid thermal management system relies on the passive
mode for a low to moderate heat generation rate, while the coolant-based system
offers supplemental cooling for immoderate heat-generating instances. The conducted
numerical and experimental studies demonstrate the advantage of using a hybrid
cooling strategy with the developed nonlinear controllers for military and civilian
electric vehicle applications.
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Chapter 2
A Thermal Bus for Vehicle Cooling
Applications - Design and Analysis
2.1

Abstract
Designing an efficient cooling system with low power consumption is of high

interest in the automotive engineering community. Heat generated due to the propulsion system and the on-board electronics in ground vehicles must be dissipated to
avoid exceeding component temperature limits. In addition, proper thermal management will offer improved system durability and efficiency while providing a flexible,
modular, and reduced weight structure. Traditional cooling systems are effective
but they typically require high energy consumption which provides motivation for
a paradigm shift. This study will examine the integration of passive heat rejection
pathways in ground vehicle cooling systems using a “thermal bus”. Potential solutions include heat pipes and composite fibers with high thermal properties and light
weight properties to move heat from the source to ambient surroundings. An initial
case study focuses on the integration of heat pipes in a thermal bus to transfer heat
13

from the thermal load (e.g., internal combustion engine, electric motor, battery pack,
power electronic, etc.) to the heat exchanger. A mathematical U-shaped pulsating
heat pipe model is used to numerically describe the thermal behavior of a heat pipe
based thermal bus. This is combined with models for a “cradle” to move energy from
the load to the bus and a model for a heat exchanger to ambient. Simulation results
indicate that the heat dissipation rate is significantly influenced by heat pipe length,
diameter and the temperature difference between the heat load and the bus. The
integration of this heat pipe based thermal bus within an active / passive cooling
system will be demonstrated in future work.

2.2

Introduction
Hybrid powertrains generate heat through the operation of the combustion

engine, electric motors, generator, battery pack, and on-board electronics for propulsion. An important consideration is the cooling of these components to maintain the
temperature within prescribed ranges. The emphasis on fuel consumption targets has
necessitated a focus on power minimization including the cooling system in military
vehicles [6–9] . A variety of thermal management strategies exist as shown in Fig.
2.1. The most common cooling system design features an ethylene glycol liquid cycle
radiator with fan, thermostat valve, pump, hoses, and engine block water jackets.
Air cooled engines and components may be optional for lower heat loads. A novel
design integrates both passive and active features that can be selected based on the
operating conditions.
The monitoring and control of vehicle propulsion system temperatures can
help ensure mission viability. Friction losses of engine parts vary as a function of
lubricant and coolant temperatures with 90◦ C to 100◦ C the suggested oil tempera14

ture range [10]. The battery pack performance will decrease if its temperature is not
properly maintained. Likewise, electrical components must be operated within their
rated temperature range. In previous studies, cooling system architectures and their
energy consumptions have been investigated for different operation conditions. Park
and Jung [11] examined the thermal behaviors of three different cooling system designs to identify power consumption factors. Bayraktar [12] integrated computational
fluid dynamics to study cooling system thermal behaviors. Tao and Wagner [8,13,14]
adopted nonlinear control theory to regulate the electro-mechanical actuators operation schedules in engines. Wang et al. [6, 15] established mathematical models to
optimize convection-based heat transfer by regulating actuator (e.g., fans, pump, and
smart valve) operation. The radiator fan(s) consumes the greatest power within the
engine cooling system [7].
The integration of energy-efficient passive heat rejection pathways in parallel
with an active cooling for ground vehicles has not been fully investigated. An opportunity exists to innovate on the conventional cooling system to realize a flexible design
that can accommodate increasing thermal loads and offer a “silent sentry” operational
mode. The inclusion of high conductive materials/devices (e.g., heat pipes, composite
fibers, alloys, etc.) may offer a potential solution for passive heat rejection within a
smart architecture to move heat from the heat load(s) to ambient surroundings. In
this study, the term “passive heat rejection pathways” refers to heat transfer modes
which do not require vehicle supplied power. A starting point for a hybrid passiveactive cooling system design will be the introduction of heat pipes. Loop heat pipes
have been recognized as two-phase passive devices with high effective thermal conductivity which are capable of transferring heat at any orientation with respect to
gravity [16]. Heat pipes are utilized in various thermal management applications to
increase thermal conductivity and temperature distribution uniformity. For ground
15

(a)

(b)

(c)
Figure 2.1: Overview of cooling strategies - (a) Traditional liquid system, (b) Forced
convection system, and (c) Active/passive thermal bus

vehicles, heat pipes have been used to control component and compartment temperatures. Rao et al. [17] implemented an electric vehicle heat pipe based thermal
management system to regulate the Li-ion battery temperature. El-Sharkawy [18]
used heat pipes to control the catalytic converter temperature. Hendricks [19] introduced heat pipes to cool passenger cabins and reduce the A/C system operation
schedule time. Lastly, Burban et al. [20] investigated the performance of pulsating
heat pipes for vehicle cooling system applications in terms of number of turns and
working fluids for various driving conditions.
The heat generated over the combustion process, propulsion and mechanical
friction in ground vehicles must be managed effectively to ensure the system’s durability and performance. An advanced automotive thermal management system is
required to avoid exceeding the component’s working temperature limits with minimum energy consumption in ground vehicles and enhance the engine performance. In
16

this paper, the integration of passive heat rejection pathways in ground vehicle cooling systems is examined using a heat pipe based thermal bus with an attached cradle
and heat exchanger with electric fan. The remainder of the paper is organized as follows. Section 2.3 introduces the thermal bus concept with cradle and heat exchanger.
The corresponding mathematical model is presented in Section 2.4 to describe the
dynamic behavior. Representative numerical results are discussed in Section 2.5 for
a convoy escort driving cycle. The conclusion and Nomenclature List are contained
in Section 2.6, respectively.

2.3

Hybrid Cooling System Strategy
Hybrid ground vehicles are typically composed of an internal combustion en-

gine with electrical motor, electro-mechanical components, and accompanying battery
packs in either a parallel or series configuration. The powertrain components generate
a significant amount of heat that must be dissipated through the cooling system. In
some instances, the heat rejection may be modest which reflects either a sentry type
operating mode or low speed high efficiency electrical motor propulsion. For this case,
a passive thermal management system may be designed to handle the cooling needs.
The proposed advanced cooling system structure features a passive cooling heat rejection pathway associated with a smart active cooling system structure which operates
based on the heat rejection needs. The recognition that a passive cooling approach
for large prolonged thermal loads, especially internal combustion engines, will be insufficient leads to a hybrid design that also features a conventional radiator-pump
configuration.
The individual heat loads may be interfaced to a thermal bus through an optimized surface area called a “cradle”. The cradle must be designed based on each
17

individual heat load heat generation rate, operation conditions, and shape. Components with low convective heat transfer to surroundings may benefit by large cradle
coverage. A cradle with high thermal conductivity and small thermal expansion provides the needed thermal connection between the heat sources and thermal bus. The
external surface of the cradle will be encased in a low conductivity insulating material
to route energy in the desired direction.
The thermal bus transports heat from the cradle to the radiator with attached
fan(s). The thermal bus is defined as any devices, including passive or active heat
transfer pathways, used to transfer heat from a given entity. For instance, devices
using liquid based cooling to passive advanced materials with high thermal conductivity. The proposed thermal bus concept features a computer-controlled liquid cooling
system which give the system capabilities to handle high heat removal needs if the
temperatures of the heat load components become excessive. Figure 2.2 shows a
concept of a hybrid cooling system which benefits from passive cooling system in
parallel with active cooling strategy. High conductive materials such as composite
fibers, alloys, phase change materials as well as high thermal conductive passive devices like heat pipes will be implemented into the passive cooling strategy. Heat
will be transferred between two points with temperature gradient. Studying high
thermal conductive materials provides the foundation of understanding their thermal
performance. Similarly, heat pipe structures are highly efficient systems which can
be integrated in a wide variety of cooling applications which essentially extends their
functional possibilities in practical applications.
The integration of a high efficiency heat exchanger with an optional electrical fan(s) will increase the efficiency of the cooling system. A control strategy will
be needed to operate the heat exchanger fan(s) through the monitoring of system
temperatures and minimize power consumption while meeting the thermal demands
18

Figure 2.2: Advance hybrid cooling system design.

for each component per various operating scenarios. Overall, the proposed cooling
system may benefit from a lower weight system structure, enhanced flexibility and
reliability, silent mode operation, high effective thermal conductivity, and smaller
external power consumption.

2.4

Mathematical Model
Several mathematical models have been developed for the thermal bus system

from the heat load, to the cradle to the heat exchanger. These include several models
for pulsating U-shaped heat pipes (PHP) to study the impacts of various design
parameters such as initial conditions, diameter, charge ratio, temperature difference
and working fluid on the oscillatory behavior and performance of heat pipes [21, 22].
Heat pipes can be included as both parts of the cradle and/or the thermal bus. Results
have shown the heat pipe diameter and temperature difference are effective factors
on heat pipe heat transfer rates. It’s been proven that heat is mainly transferred
due to the exchange of sensible heat compared with latent heat [21]. Ma et al. [23]
studied the effect of nano-fluid on oscillating heat pipe heat transfer rate. They proved
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that using nano-fluid as working fluid results in a significant temperature difference
reduction between the evaporator and condenser sections in oscillating heat pipes.
Yang et al. [24] have examined heat pipes in terms of light weight and performance
and highlighted some limitations to the application of light weight material in heat
pipes.

(a)

(b)

Figure 2.3: Integration of cradle, thermal bus, and heat exchanger in the (potentially
hybrid) cooling system - (a) System architecture and (b) Temperature nodal network.

A reduced order passive cooling system containing a heat load, cradle, thermal
bus, and a finned heat exchanger is numerically formulated and analyzed to describe
the thermal behavior over the operation cycle. Figure 2.3(a) shows the flow of thermal
energy and Fig. 2.3(b) displays the corresponding nodal network. The heat generation
rate of the heat load will be set based on each heat load individually. The e-motor
generates a significant amount of heat in comparison with the other heat loads in the
ground vehicle. Therefore, a passive cooling system with the associated e-motor with
respect to an actual driving cycle is investigated in this study.
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2.4.1

Cradle Structure
The heat load cradle is used to efficiently transfer heat from the thermal load

to the thermal bus (in this case the evaporation section of the pulsating heat pipe).
High thermal conductivity metals are widely used as the media to transfer heat from
the thermal load to the evaporation section of the heat pipe. Heat pipe embedded
copper bases are widely used to transfer heat from microelectronics. A heat pipebased cradle can operate to dissipate heat from the heat load to the thermal bus.
The configuration of the cradle is dependent on the structure of the thermal load.
The cradle is assumed to be ideal in the current simulation so that the cradle can be
considered as a simple thermal resistance so that

Rcr =

xcr
Acr kcr

(2.1)

where Rcr is the thermal resistance of the cradle, xcr is the thickness of the cradle,
Acr is the surface area vertical to the heat flow direction, and kcr is the thermal
conductivity of the cradle. The entire system temperature of the cradle selected as
the output such that

Tload =

Qload
+ TBI
Rcr

(2.2)

where TBI is the thermal bus input temperature.

2.4.2

Thermal Bus
The thermal bus is composed of multiple U-shaped pulsating heat pipes which

is in thermal contact with the heat load. The pulsating heat pipes are partially filled
with working fluid. The working fluid is specified based upon the rated operation
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temperate range of the intended heat load, in this case an e-motor. Once the heat load
generates heat, the vapor pressure quickly increases within the evaporator section.
The pressure difference between the vapor plug and liquid plug keeps the vapor in
one end and moves the liquid toward the other end of the pipe. The liquid section
condenser releases the latent heat toward the ambient or a heat exchanger. The vapor
is always exposed to the liquid at the split line where vapor continuously condenses,
or liquid vaporizes due to the temperature difference between the evaporator and
condenser sections. The heat pipe condenser section is always exposed to ambient
surrounding or attached to an external heat sink. In the developed numerical model,
the heat pipe based thermal bus is attached to a heat exchanger. Figure 2.4 shows a
schematic diagram of a pulsating heat pipe where Lh is the evaporator length and Lc
is the condenser length. Since it is partially filled there are both liquid and vapor in
the tube. The straight tube shown in Fig. 2.4b illustrates the condenser, evaporator,
and total length of the pulsating heat pipe model.
For practical purposes, the pulsating heat pipe model [17] is applied hereinafter
for each single heat pipe. A summary of the model is presented below and further
details can be found in the citation. For present purposes a heat pipe based model
for only the thermal bus is developed (while future work could incorporate heat pipes
into the cradle and/or heat exchanger).
Establishing the mathematical model of the U-shaped pulsating heat pipe
needs six fundamental assumptions to simplify the problem: A.1: Vapors follow the
ideal gas law. A.2: Liquid is incompressible. A.3: Mass transfer between the liquid
and vapor is small and does not affect the liquid’s total mass. A.4: Evaporation and
condensation heat transfer coefficients are constants. A.5: Evaporation only happens
when liquid is in the evaporator section and condensation only happens when vapor
is in the condenser section. A.6: The heat pipe is ideally insulated. Once the heat
22

(a)

(b)

Figure 2.4: A diagram of a U-shaped pulsating heat pipe - (a) U-shaped pulsating
heat pipe, and (b) Control volume of a liquid slug.

source generates heat, the working fluid is accumulated in the liquid condenser section
and vapor occupies the volume to the evaporator section as shown in Fig. 2.4(a). The
liquid slug can be assumed as a particle in tube since the liquid is in-compressible and
the mass transfer between the liquid and vapor sections is assumed negligible. The
vapor apply force toward the liquid section from both vapor sides (shown by yellow
arrays in Fig. 2.4(b) due to the pressure difference created due to their temperature
difference between the condenser and evaporator sections. Other forces that influence
the fluid motion include shear stress that acts on the shell and gravity if the tube is
oriented in a vertical direction. The momentum equation of the liquid is expressed
based on Newton second law:

ρl Lp A

d2in x
= (pv1 − pv2 − ∆Pb )A − 2ρl gAx − πdLp τ1
dt2

(2.3)

where ρl denotes the density of the liquid,Lp is the length of the liquid, and pv1 as
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well s pv2 represent the pressure of the left hand and right-hand sides of the vapor,
respectively. The term ∆Pb corresponds to the pressure loss at the bend. The cross
section area of the heat pipe is denoted by A while din is the tube diameter. The
shear stress and the pressure loss due to the bend in the pipe are expressed as follows:

τ1 =

∆Pb =

8ρl ve dx
d dt

(2.4)




1/2ζρ ( dx )2 ,

dx
dt

>0



−1/2ζρl ( dx )2 ,

dx
dt

<0

l dt

dt

(2.5)

where ζ is the pressure loss coefficient and ve denotes the liquid viscosity.
Eq. (2.3) can be rearranged as Eq. (2.6):
2g
∆P
d2 x 32ve dx
+ 2
+
=
2
dt
d dt
Lp x
ρLp

(2.6)

Applying the first law of thermodynamics to the energy equations of the vapor
plugs, the following equations are achieved:
d(mv1 cv Tv1 )
cp Tv1 dmv1
dx
=
− pv1 A
dt
dt
dt

(2.7)

cp Tv2 dmv2
dx
d(mv2 cv Tv2 )
=
+ pv2 A
dt
dt
dt

(2.8)

Solving partial derivative of Eqs. (2.7) and (8) with respect to Eq. (2.9) and
simplifying the results, Eqs. (2.7) and (2.8) can be rearranged as follows:

cp − cv = R
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(2.9)

mv1 cv

d(Tv1 )
dmv1
dx
= RTv1
− pv1 A
dt
dt
dt

(2.10)

mv2 cv

dmv2
dx
d(Tv2 )
= RTv2
+ pv2 A
dt
dt
dt

(2.11)

The equations of vapors are simplified with respect to ideal gas law as:

pv1 A(Lh + x) = mv1 RTv1

(2.12)

pv2 A(Lh − x) = mv2 RTv2

(2.13)

Differentiating Eqs. (12) and (13) leads to:
dx
(dmv1 )
dTv1
dpv1
A(Lh + x) + pv1 A =
RTv1 +
mv1 R
dt
dt
dt
dTv1

(2.14)

dpv2
dx
dmv2
dTv2
A(Lh − x) + pv2 A =
RTv2 +
mv2 R
dt
dt
dt
dTv2

(2.15)

Substituting Eq. (2.10) into Eq. (2.14), and Eq. (2.11) into Eq. (2.15):

RTv1

dmv1
cv
dpv1
dx
= A (Lh + x)
+ pv1 A
dt
cp
dt
dt

(2.16)

RTv2

dmv2
cv
dpv2
dx
= A (Lh − x)
+ pv2 A
dt
cp
dt
dt

(2.17)

Defining γ = cp /cv and integrating Eqs. (2.16) and (2.17), the mass of vapors
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can be expressed as:

1/γ

(2.18)

1/γ

(2.19)

mv1 = Cpv1 (x + Lh )

mv2 = Cpv2 (x − Lh )

where C is an integration constant. The integration constant is constant in the tube
since the tube is assumed to be symmetric. The vapor temperatures are acquired by
substituting Eq. (2.18) into Eq. (2.12), and Eq. (2.19) into Eq. (2.13):

(γ−1)/γ

(2.20)

(γ−1)/γ

(2.21)

Tv1 = (A/CR)pv1

Tv2 = (A/CR)pv2

The equations of mass change rate between the liquid and vapor slugs are
expressed as follows:

dmv1 /dt =




−hc πdx(Tv1 − TBO )/hf g ,

x>0
(2.22)



he πd(Lh + x)(TBI − Tv1 )/hf g , x < 0

dmv2 /dt =




he πdx(Tv2 − TBO )/hf g ,

x>0
(2.23)



he πd(Lh − x)(TBI − Tv1 )/hf g , x < 0
where hf g is the latent heat coefficient. The final equations for the latent heat can
be obtained by:
Qv1 =

dmv1
hf g
dt
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(2.24)

Qv2 =

dmv2
hf g
dt

(2.25)

The total latent heat in and out of the heat pipe can be calculated by adding
the latent heat in vapor 1 and vapor 2 together:

Qvin = Qv1 + Qv2 ,

W hen Qv1 > 0, Qv2 > 0

Qvout = −Qv1 − Qv2 ,

W hen Qv1 < 0, Qv2 < 0

(2.26)

(2.27)

It is essential to determine the temperature field of the liquid slug in the heat
pipe to acquire the sensible heat. Since the liquid temperature varies with both time
and location a small unit liquid slug was analyzed. It is assumed that the temperature
of liquid equals the vapor temperature at their interface. Figure 2.5 shows the heat
transferred considering a small unit length of the liquid slug.
dTl
, heat transThe total heat in this unit element can be expressed as ρl cp,l
dt
dTl
ferred from the left end to the right end can be expressed as λA
, heat transferred
dx
between liquid and the outside surroundings which could be either the heat exchanger
or the cradle can be expressed as hlse πddx(Tl − Tw ) where Tw is the wall temperature.
It could be either the thermal bus input temperature TB I in the evaporator section
or the heat exchanger temperature in condenser section. As a result, the temperature
of the liquid can be written as:

ρl cp,l

dTl
d dTl
4hlse
=λ (
−
dt
dx dx
d(Tl − Tw )

(2.28)

where ρl and cp,l are the liquid’s density and heat capacity, respectively. And, λ
represents the thermal conductivity.
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The sensible heat transfer can be expressed by Eqs. (2.29) and (2.30) once the
liquid temperature distribution is obtained:

Qseni n =


R


 Lp −|x| hlse πd(TBI − Tl )dx, x > 0
Lp
R


 |x| hlse πd(TBI − Tl )dx,
0

Qsenout =


R


 |x| hlse πd(Tl − TBO )dx,
0

(2.29)

x<0

x>0
(2.30)

R


 Lp hlse πd(Tl − TBO )dx, x < 0
|x|
After the sensible heat is acquired, the total heat transferred by this heat pipe
based thermal bus can be calculated by adding the sensible heat and the latent heat
together:

QT T L = Qvout + Qsenout

(2.31)

The heat removal by the thermal bus then can be expressed by multiplying by
the number of heat pipes, n:

Qrem = QT T L n

Figure 2.5: Diagram of heat transferred in a unit length of a liquid slug.

28

(2.32)

2.4.3

Heat Exchanger and Fan Assembly
Implementing a heat exchanger into the cooling structure will increase the sys-

tem capabilities in dissipating heat to ambient surrounding. Shah [25] explored the
recent improvements in heat exchanger and radiator designs. An ideal heat exchanger
should be able to dissipate the heat through natural convection in normal conditions
while an active cooling cycle is always available to start operating once temperatures
become excessive. The advanced cooling system is essentially featured with a mechanism which operates the active mode in harsh conditions. In this manner, the passive
heat exchanger always cools the system with low energy consumption while the active
mode can handle high heat rejection needs once heat rejection requirements exceed
passive heat rejection mode capacity. The proposed advanced heat exchanger benefits
of fin structure which enhances heat rejection capacity. Fin structures can greatly
promote the heat transfer by enlarging the heat transfer surface area. The governing
equations for the heat exchanger are set up as follows once the air velocity due to the
fan operation, angel of attack and the speed of the vehicle are determined:

qf =

dmf
cp,a (TBO − T∞ )
dt

(2.33)

Here, qf corresponds to the heat rejected due to the radiator fan operation, mf denotes
radiator fan air mass flow rate, TBO and T∞ are radiator and ambient temperatures,
respectively, and cp,a corresponds to heat capacity of the air. The air ram effect is:

qram = f (vveh , vair , α)

(2.34)

where qram denotes the heat rejected due to ram effect, vveh represents the vehicle
speed, vair is the wind velocity, and α corresponds to the attack angel of the wind
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with respect to the position of the radiator. The radiator temperature is calculated
as:
dTBO
cr = Qrem − qf − qram
dt
where

dmc
dt

(2.35)

is the coolant mass flow rate, and cr and cp,c denote the heat capacity of the

radiator and the coolant, respectively, and TBO represents the radiator temperature.
In the thermal bus output section an air heat exchanger with fin structures
is applied to enhance heat rejection. And a fan can be used to blow air to increase
heat transfer. Fin structures can greatly promote heat transfer by enlarging the heat
transfer surface area. When the fin dimensions are determined the forced convection
coefficient can be approximately expressed by:

hf = 10.45 − vair + 10(vair )1/2

(2.36)

where vair is the air velocity. Fin efficiency theory is adopted to calculate the fin
effective area:

Aef f = At (1 − (N Af /At )(1 − ηf ))

(2.37)

in which Af is the area for one fin At is the total fin areaηf is the fin efficiency
[10]. The thermal resistance of the heat exchanger then can be acquired based on
Eqs. (26) and (27):

Rexc =

1
Aef f hf
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(2.38)

The heat rejection then can be calculated by:

Qrej =

TBO − T∞
Rexc

(2.39)

The above set of governing equations thereby describe the overall system performance from heat load to energy transfer to ambient.

2.5

Case Study – Electric Motor with Passive Thermal Management System
A numerical simulation study was conducted to evaluate the thermal behavior

of an electric motor with integrated passive cooling system. The complete cooling
system has been modeled and simulated including the heat load, cradle, passive thermal bus, and a finned air-cooled heat exchanger with electric fan. This case study
will examine the system performance for representative driving scenarios. The convoy
escort, shown in Fig. 2.6, displays the vehicle speed and electric motor heat generation as functions of time. This simulated driving profile corresponded to a group
of military vehicles traveling at moderate speed with some variations in power train
demand. The heat generation of electric motors rate does not typically exceed 3 kW
over normal driving conditions in hybrid vehicles for drive cycles analyzed in this
study, but sudden accelerations may influence the heat generation rate significantly.
Figure 2.7 displays the structure of the simulated passive cooling model. The
heat is initially channeled to the thermal bus through a designed aluminum cradle
surrounding the electric motor. A wide variety of high thermal conductive materials
and passive devices were considered. A heat pipe based thermal bus is the preferred
initial solution for the thermal bus studies due to the high heat flux transport ca31

(a)

(b)

Figure 2.6: Convoy escort profile - (a) Vehicle speed, and (b) Electric motor heat
generation rate as functions of time.
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Figure 2.7: Passive cooling concept using U-shaped heat pipe based thermal bus with
cradle and heat exchanger.

pability and structure flexibility. The heat pipe based thermal bus is driven by the
temperature gradient. As long as the temperature difference exists across the thermal
bus, the heat is continuously transferred from the heat load to the heat exchanger
with attached electric fan. A reduced order passive cooling system has been numerically modeled per Section 3 to transfer motor generated heat from the cradle to the
heat exchanger. The model parameters are summarized in Table 2.1.
The convoy escort driving cycle (refer to Fig. 2.6(b)) was supplied to simulate
the temperature of the electric motor. The corresponded electric motor temperature
is shown in Fig. 2.8. It is interesting to examine the event at t=2000 (s) which
reflects the vehicle acceleration. It causes a sudden growth in the generated heat
and consequently the temperature of the heat load rises. The cradle temperature,
as expected, follows the electric motor temperature variation trend with small temperature difference. Then, the heat is moved to the thermal bus which transfers the
heat to the heat exchanger. Finally, the heat exchanger discharges the heat to the
ambient surrounding set on 25◦ C. Figure 2.8 contains the data of the heat exchanger
temperature. The peak in heat exchanger temperature at t=2000 (s) occurs as the
consequence of the vehicle acceleration. The operation temperature of the e-motor is
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generally maintained lower than 90 over normal driving conditions. However, integration of an active cooling system in parallel with the passive cooling strategy will
improve the capability of the cooling system in handling the higher heat rejection
needs over aggressive driving conditions or sudden accelerations or decelerations.
Symbol
Acr
Aef f
cp
cp,l
cv
d
g
hc
he
hf g
Lc
Lh
Lp

Value

Unit

Symbol

0.065
m2
0.3549
m2
1930
J/kg.K
4182
J/kg.K
1460
J/kg.K
0.005
m
9.8
m/s2
200
W/(m2 .K)
200
W/(m2 .K)
2257
J/kg
0.3
m
0.3
m
0.6
m

pv0
R
∆T
Tv0
T∞
vair
ve
xcr
x0
ρl
λ
ζ

Value

Unit

31164
Pa
462
J/kg.K
10-4
s
303
K
298
K
2
m/s
0.801e-6
m2 /s
0.0254
m
0.05
m
1000
kg/m3
0.61
W/m.K
0.31
-

Table 2.1: Summary of model parameters.
The performance of the heat pipe based thermal bus is shown in Fig. 2.9. It
shows how the liquid slug is fluctuating due to the heat transfer between the vapor
and liquid slugs in the pulsating heat pipe. The heat transfer between the liquid and
the vapor slugs is a continuous process as long as there is temperature gradient across
the heat pipe based thermal bus. Figure 2.9 also shows vapor temperature variations,
vapors pressure variations and the vapors mass variations as functions of time. The
vapor mass variations over the evaporation and condensation process are infinitesimal
which confirms the assumption made for constant liquid length.
The heat entering the cooling system and the heat exiting the heat exchanger
with respect to convoy escort driving cycle as plotted in Fig. 2.10.
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Figure 2.8: Electric motor, cradle, heat exchanger, and ambient temperature as a
function of time for convoy escort driving cycle.

2.6

Conclusion
The cooling of the powertrain components and electronics in ground vehicle

remains an open challenge. The integration of a passive cooling strategy with active features offers a potential solution to reduce the energy consumption in military
ground vehicles. This study investigated the passive heat rejection using a heat pipe
based thermal bus with attached cradle and heat changer with electric fan. Mathematical U-shaped pulsating heat pipe model was used to numerically describe the
thermal behavior of heat pipe based thermal bus. The case study focused on the
convoy escort driving cycle for hybrid vehicles to investigate the system performance
based on e-motor loadings. The simulation results demonstrate that moderate thermal load can be transferred to the ambient for heat rejection. This approach avoids
the operating of a fluid cooling system and radiator fan cycled off if ram air speed
is sufficient across the heat exchangers. Simulation results indicate that the heat
dissipation rate of the thermal bus is significantly influenced by heat pipe length,
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Figure 2.9: Diagram of (a) liquid slug displacement, (b) temperature of vapor plugs,
(c) pressure of vapor plugs, and (d) mass of vapor plugs as functions of time.
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Figure 2.10: Convoy escort driving cycle and heat exchanger heat removal.

diameter and the temperature difference between the heat load and the ambient surrounding. The next step will be experimental validation of the numerical findings
through laboratory tests.
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Chapter 3
A Hybrid Thermal Bus for Ground
Vehicles Featuring Parallel Heat
Transfer Pathways
3.1

Abstract
Improved propulsion system cooling remains an important challenge in the

transportation industry as heat generating components, embedded in ground vehicles,
trend toward higher heat fluxes and power requirements. The further minimization
of the thermal management system power consumption necessitates the integration
of parallel heat rejection strategies to maintain prescribed temperature limits. When
properly designed, the cooling solution will offer lower noise, weight, and total volume while improving system durability, reliability, and power efficiency. This study
investigates the integration of high thermal conductivity materials, carbon fibers, and
heat pipes with conventional liquid cooling to create a hybrid “thermal bus” to move
the thermal energy from the heat source(s) to the ambient surroundings. The inno38

vative design can transfer heat between the separated heat source(s) and heat sink(s)
without sensitivity to gravity. A case study examines the thermal stability, heat dissipation capabilities, power requirements, and system weights for several driving cycles.
Representative numerical results show that the high thermal conductivity materials
and carbon fibers offer moderate cooling while loop heat pipes provide significant
improvements for passive cooling.

3.2

Introduction
The integration of heat generating components continues to grow in military

vehicles due to alternative propulsion strategies and electronic payloads. The emitted heat due to the operation of electric motor battery packs, electronic devices, etc.
needs to be dissipated to the ambient surroundings to promote system efficiency,
durability, and performance. The thermal management challenge is to efficiently remove this heat and maintain temperatures within prescribed operating limits while
minimizing noise, energy consumption, and maintenance costs. This challenge may
be more demanding in military ground vehicles due to the unique vehicle configurations and extraordinary operating conditions. The restrictions may include the finite
area for fluid flow and limited space for extended heat transfer surface area. In the
current combat vehicles, the air-side heat runs through a restrictive grille which lowers the heat rejection capabilities. In addition, the emphasis on reducing fuel usage
in ground vehicles necessitates a smart cooling system design which offers multiple
heat rejection pathways, including active and passive strategies, to enhance the heat
transfer capabilities with a compact structure and flexible design.
Passive heat rejection typically requires a large heat transfer surface area.
However, enlarging the surface area is not always a feasible solution due to space and
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weight limitations in vehicle cooling applications. The integration of high thermal
conductivity materials, composite fibers, phase change materials, and high performance passive devices may be potential solutions for improved passive heat rejection
in automotive cooling applications. The thermal properties of select materials may
be enhanced through high thermal conductivity reinforcement. Composite materials,
such as carbon fiber reinforced aluminum, offer improved thermal and mechanical
properties, including high thermal conductivity, high stiffness, relatively low density,
reduced thermal expansion, etc. [26–30]. Composite fiber has been widely used in cooling microelectronics, electric motors, and lithium batteries [31–33]. Greco et al. [34]
applied computational analysis to study the influence of composites on battery pack
temperature distributions. Mallik et al. [35] investigated different composites and
thermal conductive materials for improved thermal management of vehicle electronic
control units.
Aside from the composite materials, heat pipes are passive heat transfer devices with ultra-low effective thermal resistance which can transfer a relatively large
amount of heat over a fairly long distance with no need for external pumping power
[16]. Different heat pipe configurations, including capillary, loop, pulsating, etc. have
been studied [36]. The inclusion of heat pipes in a variety of cooling applications for
power electronics temperature regulation, including Lithium-Ion batteries have been
explored [17,37,38]. Park et al. [39,40] studied the thermal performance of the hybrid
two phase cooling loop technology within a thermal bus concept for military vehicle
thermal management systems. The designed hybrid cooling system is composed of
an active liquid pumping and a passive capillary liquid that run the working fluid
through the cooling system. Tang et al. [41] explored the integration of a passive
capillary driven cooling device, heat pipe loop (HPL), for improved electronic cooling
in military vehicles.
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Conventional fluid cooling systems, composed of a water pump, radiator, wax
based thermostat, fan, hoses, etc., is well developed. Tao and Wagner [13,14] reduced
the energy consumption of ground vehicle cooling systems using nonlinear control
theory to optimize the electro-mechanical actuator operation time. Likewise, several
hybrid cooling strategies have been introduced to regulate the operating temperature
of Lithium ion batteries [42, 43]. The integration of hybrid cooling in ground vehicle
applications is also investigated to efficiently move the heat from the thermal load(s)
towards the heat exchanger using pulsating heat pipes in a thermal bus concept [44].

Figure 3.1: Relative heat generation and operating temperatures for various automotive components with possible thermal management strategies.

The design of high efficiency hybrid cooling systems featuring multiple passive
heat rejection pathways in parallel with a regular conventional radiator-pump cooling system in ground vehicle cooling applications has not been widely studied. The
increased heat generating loads in ground vehicles provide an opportunity to inno-
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vate a novel thermal management system featuring an advanced computer controlled
hybrid thermal bus. The hybrid thermal bus offers separate heat rejection pathways
for different thermal generation ranges. Therefore, low and moderate heat loads may
be dissipated through conduction and free convection heat transfer, which is referred
to as passive hereinafter, with no external power supplied.
In this project, the integration of parallel heat rejection pathways including
passive and active strategies will be examined. The proposed cooling system is composed of four different heat rejection routes - high thermal conductivity materials,
composite fiber, a loop heat pipe structure, and conventional active fluid cooling.
The primary heat rejection may begin with high thermal conductivity materials and
composite fibers while a loop heat pipe structure with a cylindrical evaporator is
integrated in the passive configuration. Beside the passive pathways, a complete conventional cooling system is provided to respond to high heat rejection demands that
exceed purely passive strategies. The remainder of the paper is organized as follows.
Section 3.3 is the introduction for an innovative cooling system featuring a cradle
which transfers energy from the load to the hybrid thermal bus and then passes it
to the heat exchanger(s). A cradle is any mechanism for transferring heat from the
heat load to the thermal bus enroute to the ultimate heat exchanger to ambient which
will typically be load geometry dependent. The corresponding mathematical model is
presented in Section 3.4 which evaluates the thermal performance of the cooling system. Section 3.5 discusses representative numerical results with respect to a convoy
escort driving cycle. Finally, Section 3.6 contains conclusion.
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3.3

Cooling System Strategy
Ground vehicles are typically composed of different heat load components (e.g.,

electric motor, combustion engine, battery pack, propulsion system, on-board electronics, etc.) which generate a significant amount of heat that needs to be dissipated
through an efficient cooling system. Variation of operation modes and ambient conditions may directly influence the heat source(s) heat generation rate(s) such that a
passive heat rejection strategy may be sufficient for high efficiency operating modes
such as a sentry type operating mode or low speed electrical motor propulsion. Passive
systems may also be integrated in small autonomous vehicles to improve their durability. A hybrid thermal management system, composed of passive and active heat
rejection pathways, may be designed to dissipate the emitted heat towards ambient
surroundings and maintain the heat load components within their prescribed temperature limits with minimal to no energy consumption. The proposed advanced hybrid
thermal management system offers a high efficiency passive heat rejection pathway
for modest heat rejection needs associated with a conventional radiator-pump cooling
system for large prolonged thermal loads and harsh conditions. Different passive heat
rejection pathways will be identified and their advantages in terms of performance,
weight, noise and heat rejection capability will be illustrated in this research.
All mechanical and/or electrical systems contain heat generating components
which need to be addressed so that the device temperatures are maintained within
prescribed operating limits. A thermal interface, or cradle, is needed to route the
thermal energy from the heat load(s) to the thermal bus. The thermal properties of
the cradle have a great influence on the thermal performance of the cooling system.
Cradles inherently employ specific geometries which are optimized with respect to
the heat load geometries, thermal characteristics, and operating conditions. A proper
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cradle design with high thermal conduction, low thermal expansion, and high thermal
diffusivity can promote enhance heat transfer within the system. An advanced cradle
design may feature fluid pathways to enhance the heat transfer between the heat
source(s) and thermal bus. The external surface area of the cradle is surrounded by
low thermal conductive insulation materials in order to more efficiently route thermal
energy to the bus.
The thermal bus generally transfers the thermal energy from the heat load to
the heat exchanger and ultimately to the ambient environment. A hybrid thermal bus
benefits from both passive heat rejection pathways and conventional liquid cooling
and should satisfy low, moderate, and high heat rejection needs with minimal energy
consumption. High thermal conductivity materials (e.g., alloys, copper, carbon fibers,
etc.) and high performance passive devices (e.g., heat pipes) will be integrated to
improve the passive thermal conductivity. The preferred operation mode is passive
for low and moderate heat source(s) heat dissipation rate(s) while conventional fluid
cooling is introduced if the temperature exceeds established limits.
The hybrid thermal bus structure needs to be flexible enough to support different ground vehicle designs and applications. The proposed bus construction offers
a flexible design which can be bent or rerouted with little sensitivity to gravity while
maintaining its thermal performance. Figure 3.2(a) displays a basic bus design with
attached heat exchanger and optional fan. Figures 3.2(b) and 3.2(c) illustrate flexible
and straight thermal bus structures attached to a thermal load and heat sink.
A cooling system needs a high efficiency heat exchanger that significantly increases the heat dissipation to the ambient surroundings. If the convective heat transfer coefficient, heat transfer surface area, and material thermal conductivity increase,
the heat exchanger heat dissipation rate will rise. The integrated heat exchanger
is designed to benefit from ram-air intake while an optional fan is attached to in44

(a)

(b)

(c)

Figure 3.2: Hybrid cooling system strategy – (a) Advanced cooling system featuring
hybrid thermal bus with four heat transfer paths in parallel for efficient heat dissipation; (b) Possible design for thermal bus attached to an e-motor; (c) Flexible thermal
bus design.
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crease the convective heat transfer when the ram-air is insufficient (e.g., a low speed
driving mode or stationary conditions). The surface area of the heat exchanger(s)
should be optimized for particular applications. The heat transfer surface area is usually extended by adding fins: plain, wavy, and louvered fins are common examples.
Louvered fins enhance the heat transfer coefficient and surface area simultaneously.
The thermal conductivity of the heat exchanger is more limited due to manufacturing
costs, total weight, and operating conditions. Integration of high thermal conductivity
materials (e.g., copper, aluminum, etc.) with embedded high thermal conductivity
passive devices may improve the thermal conductivity of the heat exchanger at a
specific operating temperature range. Lately, a control strategy has been designed
which operates the heat exchanger fan(s) with respect to temperatures and lowers
the external power consumption while in a “silent sentry” operating mode [13, 14].

3.4

Mathematical Modeling
The thermal behavior of an active/passive cooling system, composed of hybrid

cradle and thermal bus structures, is numerically modeled to evaluate its performance
over prescribed operating cycles. The heat source, applied to the cradle, will be
transported through the thermal bus to the heat exchanger(s). Such thermal systems
shall be modeled using nodal networks which feature thermal resistance in series and
parallel configurations. The hybrid bus is modeled with four subassemblies: (i) high
thermal conductivity material(s), (ii) carbon fibers, (iii) high performance heat pipe,
and (iv) conventional cooling. The thermal load corresponds to an electric motor
heat generation rate over a driving cycle. The dissipated heat may be removed using
passive cooling strategies over low and moderate heat generating scenarios, and the
fluid cooling system is utilized should the electric motor temperature exceed the
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Figure 3.3: cross-section of a hybrid thermal bus concept composed of convectional
cooling pipes, heat pipes paths, high thermal conductivity materials, and carbon
fibers.

recommended temperature limit. This study will numerically investigate the thermal
behavior of a hybrid cooling system containing the cradle, thermal bus, and heat
exchanger(s) for an electric motor subject to a convoy escort driving cycle over a
single ambient temperature.

3.4.1

Hybrid Cradle
Improvement of the thermal interface between the heat source and the ther-

mal bus has been a challenge due to the load configurations, operation conditions,
and space limitations. Generally, the thermal load(s) need to be interfaced with a
high thermal conductivity surface area, the cradle, which enhances the heat transfer between the heat source(s) and the thermal bus. A proper material for a cradle
may benefit from high thermal conductivity, high thermal diffusivity, low density, and
low thermal expansion to transmit the generated heat towards the thermal bus while
minimizing the temperature difference across the thermal interface. The heat transfer
characteristics of the cradle can be evaluated using a thermal resistance, RCr , such
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that

Rcr =

Lcr
Acr kcr

(3.1)

where Lcr represents the cradle thickness, while Acr and kcr denote the conductive
heat transfer surface area and conductive heat transfer coefficient, respectively. An
advanced cradle features a built-in passage for coolant circulation. Therefore, once the
heat generation rate exceeds the passive heat rejection thermal capacity, a controlled
servo valve allows the coolant flowing through the passages to pick up the excess
heat. The removed heat due to coolant fluid circulation, Qf , is calculated based on
the local convective heat transfer coefficient

QF = hf Af (Twall − Tf )

(3.2)

where hf is the local convective heat transfer coefficient and Af denotes the
total convective heat transfer surface area. The symbols Twall and Tf represent the
wall and local coolant temperatures.

3.4.2

Hybrid Thermal Bus
The proposed hybrid thermal bus is composed of multiple heat transfer paths

including high thermal conductivity material (e.g., copper), carbon fibers, and highperformance loop heat pipe(s), in addition to a conventional cooling system with the
associated components (e.g., pump, valves, and fluid jacket). Figure 3.3 presents a
schematic for a hybrid thermal bus which efficiently moves the emitted heat towards
the heat exchanger(s). At present, passive heat transfer pathways are assumed to contain no thermal capacitance and are treated as pure thermal resistances. A summary
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of the mathematical models used for the subassemblies will be presented below.

3.4.2.1

High Thermal Conductivity Materials (HTC)

High thermal conductivity materials (HTC) are efficient medias for passive
heat transfer purposes in thermal management. Metals and alloys with high thermal
conductivity may be used to efficiently transfer heat from hot to cold with no power
consumption. The structure of the HTC material path in the hybrid thermal bus
needs to be optimized with respect to the specific heat source configuration and
space limitation. Ideal HTC materials can be modeled using a thermal resistance,
RHT C , over a limited temperature range as

RHT C =

LHT C
AHT C kHT C

(3.3)

where LHT C is the length of the thermal bus, AHT C is the effective surface area, and
kHT C represents the thermal conductivity of the integrated material.
The heat removed, QHT C , through the high thermal conductivity material
pathway becomes

QHT C =

∆T
RHT C

(3.4)

where ∆T is the temperature difference between the HTC materials and the thermal
bus ends.

3.4.2.2

Carbon Fibers (CF)

Unique thermal and mechanical properties of composites offer attractive solutions for thermal management improvements characterized by low weight and low
flammability, as well as high efficiency, flexibility, and high heat rejection. Car49

bon fibers (referred as CF hereinafter), such as carbon nanotubes and vapor-grown
carbon fibers, are advanced materials which may be used in thermal management
applications due to their ultra-high thermal conductivity and relatively low thermal
expansion. The thermal conductivity of carbon nanotubes has been experimentally
measured up to 3,000 W/mK, while theoretically calculated as high as 6,600 W/mK
at room temperature [45, 46]. The thermal conductivity of carbon fibers is direction
dependent meaning that the thermal conductivity may be higher in a particular direction. This property may be exploited to more efficiently route energy down the
axis of the thermal bus. Carbon fibers may be introduced to pure materials (e.g.,
aluminum, copper, etc.) to enhance their thermal conductivity. For instance, carbon fiber reinforced aluminum composites offer exceptional thermal and mechanical
properties. The desired thermal characteristics of aluminum/carbon composites include high thermal conductivity, high stiffness, and low density in compression with
aluminum alloys. The effective thermal conductivity of composites depends on the
fillers, their corresponding properties, and physical structure. Aluminum composites
have been well studied. The in-plane thermal conductivity of aluminum-carbon composites have been evaluated in several studies at approximately 695 W/mK, which is
greater than that of pure copper [26,27,30]. The carbon fiber reinforced materials can
be integrated as an effective thermal interface between the components to minimize
dQx
,
the thermal resistance of the cooling system. The directional heat transfer rate,
dt
may be expressed as
dT
dQx
= −kx ACF
dt
dx

(3.5)

where kx denotes the CF thermal conductivity in the x direction and ACF
corresponds to the CF surface area pathway in the thermal bus. The temperature
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dT
.
dx
The carbon fiber heat transfer pathway is numerically modeled using a thermal

differential with respect to x becomes

resistance, RCF , with thermal conductivity of carbon fibers or

RCF =

LF C
ACF kCF

(3.6)

Similar to Section 3.4.2.1, LCF , AC F , and kC F represent the CF length, surface area, and thermal conductivity, respectively.

3.4.2.3

Loop Heat Pipes (LHP)

Heat pipes are passive two-phase heat transfer devices with high efficiency
thermal capabilities. They are recognized as popular thermal devices to integrate
in thermal management systems due to their exceptional thermal conductivity, high
flexibility, long lasting durability, simple structure, low temperature drop, and no
external power requirements. Heat pipes have been designed in various shapes and
lengths with different capabilities for a large variety of applications. Heat pipes
typically consist of an evaporator(s) and a condenser(s) which are connected through a
typically assumed adiabatic section. For practical purposes, loop heat pipes (referred
to as “LHP” hereinafter) are integrated into the hybrid thermal bus due to their
unique capabilities including the ability to transmit a large amount of heat over a
long distance with small temperature drop and limited sensitivity to gravity.
Figure 3.4 shows a simple schematic of a loop heat pipe. Loop heat pipes are
composed of evaporator and condenser components with a specific amount of working
fluid driven by a capillary pressure created passively within a wick structure. The
wick features a fine-pore material with an effective pore radius and porosity which
provides the required capillary pressure for liquid return. The embedded wick struc51

Figure 3.4: Loop heat pipe configuration with an attached optional fan.

ture and the reservoir are placed within the evaporator component. The wick pore
size is generally specified based on the required heat removal capability, working fluid,
and heat transfer distance. Two separated liquid and vapor lines transport the liquid
and the vapor between the separated evaporator and condenser. The operation of
loop heat pipes has been characterized with different mathematical and computational models to predict the loop heat pipe thermal characteristics over a variety of
operating conditions based on momentum and energy conservation principles as well
as thermodynamic relationships. A mathematical model [47] is applied to the hybrid
thermal bus model to describe the thermal characteristics of the heat transported
through the loop heat pipe. The following assumptions are imposed to establish the
loop heat pipe mathematical model within the hybrid thermal bus concept:
A.1: All flows are considered incompressible.
A.2: Reservoir always contains liquid and vapor.
A.3: Vapor temperature variation within the evaporator and vapor line are
negligible.
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Figure 3.5: Schematic diagram for loop heat pipe evaporator thermal nodal network.

A.4: The phase change process in the condenser is isobaric.
A.5: Thermodynamic properties of the fluid vary with respect to the local
temperature.
A.6: The heat input, “heat leak”, is transferred to the reservoir through the
evaporator wall and the wick structure.
A.6: Heat leakage between the hot and cold sides is negligible in comparison
with the amount of the heat input.
Loop heat pipe thermal modeling is generally developed based on energy balance principles and thermodynamic relations. The loop heat pipe is modeled using a
thermal nodal network to describe the heat transfer pathway behavior, shown in Fig.
3.5. The terms RE , Rw , RA , and Rwall represent the thermal conductivity resistances
of the evaporator, wick structure, air, and the heat pipe wall, receptively. Once the
heat is received by the evaporator, it will be absorbed by the evaporator wall and the
liquid-vapor interface section at the wick structure as

Qin = Qwall + QR

(3.7)

which can be expressed as thermal resistances

Qin =

(TE − TR ) (TE − Tv )
+
Rwall
RE
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(3.8)

In this expression, TE , Tv and TR are the temperatures of the evaporator, vapor of the
working fluid, and reservoir structure, respectively. The symbol RE is the thermal
conductive resistance of the interface and Rwall is the resistance of the evaporator
wall.
The heat received by the liquid-vapor interface is used to heat the working
fluid and vaporization while some is transmitted to the primary wick structure as
(Tv − TR )
(TE − Tv )
= mhf g + mcp (Tv − TR ) +
RE
Rw

(3.9)

where m is the mass flow rate of the working fluid and hf g is the latent heat of
vaporization. The term Rw corresponds to the conductive thermal resistance of the
primary wick. The thermal resistance of the wick for a cylindrical-shaped evaporator
may be expressed as
mcρ,l
Dw,o
Ln(
)
2πkef f Lw
Dw,i
Rw =
mcρ,l

(3.10)

where D( w, o) and D( w, i) represent the outer and inner diameters of the wick structure, mcρ,l denotes the specific heat of the liquid, Lw is the length of wick structure,
and ke f f is the effective thermal conductivity for a porous sintered material [48].
The heat transferred to the wick structure is relatively small compared to
the heat flux received by the interface for vaporization. Therefore, Eq. 3.9 may be
reduced to

mhf g =

TE − Tv
RE

(3.11)

The heat transfer from the wall and the wick structure is also balanced with
the heat leaking to the ambient from the wick structure and the heat required to heat
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up the liquid returning from the condenser section at the temperature TC,o so that
(TE − TR ) (Tv − TR )
(TR − TA )
+
= mcρ,l (TR − TC,o ) +
Rwall
Rw
RA

(3.12)

The absorbed heat is transferred through the vapor line towards the condenser
where it is released. The energy balance at the condenser becomes

Qo = mhf g + mcρ,l (TC − TC,o )

(3.13)

where TC is the temperature of the liquid within the condenser, and T( C, o) is the
working fluid temperature at the condenser outlet.
The governing thermodynamic equations between the components, including
the evaporator, reservoir, and condenser, complete the analytical thermal model of
the loop heat pipe. The vapor temperature leaving the evaporator grooves and the
vapor temperature entering the condenser may be expressed as

Tv − TC = (

δT
)∆Pv
δP

(3.14)

where ∆P is the pressure drop due to the friction loss over the vapor line connecting
the evaporator to the condenser.
The liquid temperatures of the condenser outlet and the evaporator inlet may
be related by

TC − TR = (

δT
)(∆P − ρl g∆H)
δP

(3.15)

where H is the elevation difference between the condenser and the evaporator. The
δT
term
is the slope of the pressure-temperature saturation curve which can be
δP
calculated using the Clausius-Clapeyron relationship. The symbols ρ and g denote
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the liquid density and gravity, respectively.
The temperature difference between the reservoir and heat sink can be separated as
TR − Ts = (TR − TR,i ) + (TR,i − TC,o ) + (TC,o − Ts )

(3.16)

The combination of Eqs. 3.10, 3.12, 3.14, 3.15 and 3.16 yields

TR −TR,i



TR
1
RE hf g
1
1
hf g
=
+
+
)(∆Pl +∆Pv −ρl g∆H)−
(TR −TA )
Rwall cρ,l Qin ρv cρ,l Rw Rwall
cρ,l RA
(3.17)

The analysis goal is to characterize the total thermal nodal network of the loop
heat pipe to describe its performance. The total nodal network includes the thermal
resistance between the evaporator and vaporization interface (RE ), and the thermal
resistance between the reservoir and heat sink (RR−s ).

RT T L = RE + RR−s = RE +

TR − Ts
Qin

(3.18)

There are generally two main operating modes which reflect the thermal behavior of loop heat pipes. Each mode needs a specific set of assumptions to accurately
predict the thermal behavior over the operating cycles and simplify the calculation.
One operating scenario, Variable Conductance Mode (VCM), occurs when the temperature of the subcooled liquid at the condenser outlet reaches the temperature of
the heat sink. In other words, the temperature difference between the heat sink and
the working fluid at the condenser outlet is negligible (Ts TC o). Therefore, Eq. 3.17
yields

TR,i − TC,o




πDL LL kL hf g
= (TA − Ts ) 1 − exp −
Qin cρ,l
56

(3.19)

where KL is the heat transfer coefficient between the working fluid flowing in the
liquid line and ambient. The symbols LL and DL denote the length and the diameter
of the liquid line, respectively.
Finally, the combination of Eqs. 3.16, 3.17 and 3.19 leads to

TR,V CM





TA
πDL LL kL hf g
hf g RE−R
+
] + (TA − Ts ) 1 − exp −
Ts +
cρ,l Rwall
Qin RA
Qin cρ,l


=
1
1
hf g
1
)(
+
)(∆Pl + ∆Pv − ρl g∆H) −
(
ρv cρ,l Rw Rwall
cρ,l RA
(3.20)

which models the operating temperature of the loop heat pipe over the VCM as a
function of heat sink temperature and heat input.
The second loop heat pipe operating mode, Fixed Conductance Mode (FCM),
represents the condition where the working fluid temperature variation is negligible
in comparison with the temperature difference between the heat sink and the condensation temperatures. The following assumption is imposed to predict the LHP
operating temperature over the FCM condition:
A.8: The following temperature difference relationships are all assumed. Tv −
TC , Tv − TR , TR − TC << TC − Ts
At the condenser component, the energy balance can be written as

mhf g =

πL2φ
1
1
+
hC DC,i hs DC,o

(TC − TS )

(3.21)

where hC represents the condensation heat transfer coefficient. The term L2φ indicates
the pipe length which contains the liquid and vapor mixture. The symbols DC,i and
DC,o are the diameters of the condenser tube at the inlet and outlet, respectively.
Then, Eq. 3.21 can be reduced with respect to the assumptions made for the
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FCM operating mode so that

TR − Ts ≈ TC − Ts =

mhf g
πDC L2φ KC

(3.22)

The energy balance within the condenser, assuming the working fluid temperature variation is negligible, can be expressed as

Qin − mhf g ≈ πDC (LC − L2φ )Ksub (TC − Ts )

(3.23)

where ks ub denotes the overall heat transfer coefficient between the working
fluid and the heat sink.
The heat input, Qi n, may also be expressed as the heat of vaporization and
the heat leakage to the evaporator wall such that


1
1
RE 
+
Qin ≈ (TE − Tv )
= mhf g 1 +
Rwall RE
Rwall

(3.24)

The length of the two-phase flow section within the condenser can be calculated
from the combination of Eqs. 3.22 and 3.23 such that

L2φ =

LC
RE kC
+1
Rwall Ksub

(3.25)

The operating temperature of the loop heat pipe over the FCM can be expressed using Eqs. 3.22, 3.23 and 25 as

TR,F CM

Qin
= TS +
πDC LC kC

RE KC
Rwall Ksub
RE
1+
Rwall

1+

(3.26)

Finally, the operating temperature of loop heat pipes as a function of heat
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input may be predicted using

Top = max(TR,F CM , TR,V CM )

(3.27)

The loop heat pipe mathematical model has been validated with experimental
measurements conducted using Ammonia as the working fluid. Figure 3.6 demonstrates the comparison of the LHP mathematical model predictions with experimental results [49]. It is generally reported in literature that the loop heat pipe thermal performance is typically estimated using two distinct operating modes: Variable
Conductance (VCM), and Fixed Conductance (FCM). The decreasing part of this
operating curve corresponds to the loop heat pipe VCM where the condenser offers
sufficient heat transfer surface area for liquid condensation and subcooling process.
Therefore, the liquid temperature reaches the heat sink temperature,Ts ink, before it
exits the condenser, TC o ≈ Ts ink. A further decrease in the loop heat pipe operating
temperature can be observed by increasing the heat input to the system during the
VCM. Adding more heat to the system raises the working fluid mass flow rate within
the loop heat pipe which leads to a lower temperature variation along the liquid line.
The slope where the curve decreases is estimated with respect to the amount of heat
transferred between the evaporator and reservoir compartments as well as the reservoir and the liquid line. The minimum operating temperature corresponds to the
condition where the condenser is no longer able to cool down the working fluid to the
heat sink temperature. At this point, any further increase in heat input will elevate
the loop heat pipe operating temperature since the liquid at the condenser outlet is
no longer subcooled.
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Figure 3.6: Loop heat pipe operating temperature as a function of heat input validation of mathematical model.

3.4.2.4

Liquid Cooling (LC)

Ground vehicles typically utilize fluid cooling systems to dissipate heat to
the ambient environment. The engine block, including but not limited to, internal
combustion engines and electric motors is known as the main heat source in ground
vehicles. Models for active cooling systems are typically composed of heat load-tocoolant and coolant-to-ambient surroundings heat rejection through a radiator with
an attached fan. The heat emitted by the engine block is typically transferred to
the coolant through a water jacket within the engine block. The cooling system is
composed of a water pump and a thermostat. The water pump circulates the coolant
through the heat source block and the radiator. The thermostat regulates the heat
exchange between the heat source, radiator, coolant, and the ambient environment to
maintain the heat load within a specified temperature range. A complete fluid cooling
system, composed of a fluid jacket block, thermostat, expansion tank, radiator, water
pump, and bypass hoses, is numerically modeled [13, 50]. A computer-controller can
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open a smart thermostat valve and run a servo-motor coolant pump and/or radiator
fan once the heat source temperature exceeds the prescribed operating temperature
limits or the emitted heat exceeds the heat rejection capacity of the passive cooling
strategy.

3.4.3

Heat Exchanger
A heat exchanger absorbs or dissipates heat in a variety of applications. The

component performance can be improved by either extending the effective heat transfer surface area, increasing the thermal conductivity of the surface area, or enhancing
the convective heat transfer coefficient. The heat transfer coefficient is typically improved by optimizing the fin length, thickness, width, spacing, and/or introducing
forced convection to promote air flow through the fin arrays. There are a wide variety of fin designs including, but not limited to, plain fin surfaces, louvered fins, and
wavy fins. Each of the fin designs may increase the heat transfer due to surface area
extension, as well as improvement of the convective heat transfer coefficient.
A heat exchanger is numerically designed based on the space limitations and
heat rejection requirements. A properly designed heat exchanger is a high thermal
conductivity heat sink with plain fin surfaces which is optimized in fin spacing with
respect to a space limitation [51]

−1/2

Zopt = 3.24Ls ReL

P r−1/4

(3.28)

where Ls is the length of the heat sink, ReL represents the Reynolds number, and Pr
denotes the Prandtl number. The profile length of the fins may be optimized as a

61

function of the fin thickness so that
hf in Ls
1/2
Nu =
= 0.664ReL P r1/3 ,
kA



kS W
b=β
2hf in


(3.29)

where hf in is the convective heat transfer coefficient of the fin arrays, kA and ks
represent the thermal conductivities of air and the heat sink, respectively, W denotes
the fin thickness and β is an empirical constant.
An electric radiator or heat exchanger fan increases the heat dissipation rate
to the ambient by creating dynamic air pressure. The fan is mathematically modeled
using a lumped parameter approach

qf = γρA cρ (Ts − TA )

(3.30)

where γ and cρ represents the fan air flow rate and specific heat of the air intake,
respectively, while ρair is the air density.
The ram-effect may also promote convection heat transfer while the vehicle
is moving. The relative velocity between the intake air and the vehicle motion may
be used to model the ram-effect and calculate the convection heat transfer coefficient
for moving vehicle scenarios. In other words, the ram effect is a function of vehicle
speed, the air intake speed, and the angle of the air hitting the heat sink so that

Qram = mf cρ (Ts − TA )

(3.31)

Z
mf =

ρVf dA = ρVf A cos α

(3.32)

where Qram represents the heat removed due to the ram-effect, mf denotes the air
flow rate, Vf is the relative velocity between the vehicle speed and the air-intake, and
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α is the angle of attack.
The overall cooling system thermal performance is described by applying the
above governing equations from the heat source to the heat exchanger and the ambient
surroundings.
Symbol

Value

Unit

Acr
ACF
AHT C
cρ,CF
cρ,HT C
cρ,cr
DC,i
DE,i
DE,o
Dl
DR
Dv
Dw,i
Dw,o
g
hf in
kE
kC
kCF
kcr
kE
kef f
kHT C
kporous
ks
ksub
kw
Ls

756
cm2
57.75
cm2
57.75
cm2
J/kg.K
900
J/kg.K
450
J/kg.K
4.6e-3
m
2e-2
m
2.4e-2
m
5.3e-3
m
6.8e-2
m
5.3e-3
m
9.5e-3
m
1.9e-2
m
9.81
m/s2
47.11 W/m2 K
2.9e-2 W/mK
600
W/mK
700
W/mK
200
W/mK
200
W/mK
90
W/mK
401
W/mK
220
W/mK
0.3
W/mK
230
W/mK
394
W/mK
1.4e-3
m

Symbol

Value

Unit

Lcr
LCF
LE
LHT C
Ll
Lv
LW
me
PM
rpore
RA
RE
Rwall
W
TA
Tint,e
Tint
Tref,max
Tref,max
VA
ρA
ρCF
ρcr
ρHT C
ρE
∆H
α
γ

0.1
m
462
J/kg.K
0.3
m
1
m
7.4e-1
m
3.66
m
3e-1
m
20
kg
2.e-14
m2
1.6e-6
m
5.85
K/W
3e-3
K/W
11.25
K/W
1.2e-3
m
◦
18.15
C
◦
35
C
◦
18
C
◦
55
C
◦
32
C
◦
20
C
1.2
kg/m3
kg/m3
2700 kg/m3
8960 kg/m3
2700 kg/m3
0
m
0
210
CFM

Table 3.1: Summary of model parameters with values.
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3.5

Numerical Results – Low, Moderate, and High
Thermal Cooling Applications
A complete cooling system, including an e-motor heat load, a hybrid cra-

dle, a hybrid thermal bus, and multiple heat exchangers is numerically modeled on
MATLAB/Simulink platform. The hybrid thermal bus is composed of three separate
passive heat rejection pathways which include copper, aluminum, composite fibers,
and the loop heat pipe structure. The coolant fluid flows between the cradle and the
radiator through integrated hoses contained within the thermal bus assembly. Once a
thermal load is imposed, the cradle acquires the heat and routes it towards the thermal bus where it is shared between the passive pathways with respect to their thermal
resistances. The thermal resistance for each pathway is modeled. The model parameters can be found in Table 3.1. The performance parameters of an electric motor
“UQM Power-phase 145” are considered as the references in this case study [52].
For large heat dissipation requirements, a computer controlled conventional
liquid cooling system exists. The cooling system performance is initially investigated
for steady state heat inputs while the heat load is maintained below 55◦ C. Table
3.2 presents the heat dissipated to the ambient surrounding through each individual
heat rejection pathway and their combinations. The heat load temperature should
not exceed 55◦ C. Configurations 1-7 represent passive heat removal with the fan off
while Configurations 8-14 illustrate the cooling system heat removal capabilities with
the fan operating. Configuration 15 demonstrates the hybrid cooling system strategy
with the conventional cooling added to the passive thermal bus.
Numerical simulations are conducted to predict the thermal performance of
the developed hybrid cooling system for the convoy escort driving profile. Convoy
escort drive cycles represent the speed of platooning ground vehicles as a function of
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Table 3.2: Thermal response of cooling system methods for several operating conditions

time over moderate operating conditions. Figure 3.7 shows the vehicle speed and the
corresponding heat generation of the electric motor versus time for this cycle. The
heat generation is estimated based on the electric motor load. All components of the
vehicle cooling system are numerically modeled as described in Section 3. As needed,
other heat load components with known heat generation rates over a driving cycle
can be integrated.
The performance of the proposed hybrid cooling system is also investigated
for the convoy escort driving cycle. Three distinct cooling system configurations are
employed to describe the thermal behavior of the passive and active cooling systems.
The thermal bus structures corresponding to Configurations 4, 7, 14, and 15 are selected to interface with the electric motor. Note that in all aforementioned cases,
the initial temperature of the electric motor is set to 35◦ C, and the initial temperature of the other components is initialized to 18.5◦ C which is the assumed ambient
temperature.
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Figure 3.7: Convoy escort profile - Electric motor heat generation rate and vehicle
speed as functions of time.

The additional space required for placing the complete thermal bus, including
HTC, CF, and LHP pathways, in the vehicle is estimated to be 0.011 m3 . In terms of
weight, a one-meter HTC thermal pathway will add up about 50 kg to the conventional
cooling system while the additional weight associated with CF pathway for the same
size thermal path is only 8.5 kg. The density of the CF can be found in the literature
[1]. The LHP will not significantly enlarge the thermal bus as the vapor and liquid
lines are only 5.3 mm in diameter.
Configuration 4: In this study, the convoy escort driving profile is supplied
to a passive thermal bus composed of HTC and CF pathways between the e-motor
and the heat exchanger. The electric motor, cradle, and heat sink temperatures are
shown in Fig. 3.8(a). The e-motor temperature continuously rises as the heat enters the system. Figure 3.8(b) presents the heat transfer rate in the cooling system
components. The heat transferred through CF is higher than HTC due to the lower
thermal resistance. However, the passive cooling system with HTC and CF cooling
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(a)

(b)
Figure 3.8: Configuration 4 - System response for (a) Electric motor, cradle, heat
exchanger, and ambient temperatures for convoy escort driving cycle using CF and
HTC heat rejection pathway; and (b) Cradle, thermal bus and heat exchanger heat
removal over passive heat rejection strategy.
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pathways is not able to maintain the e-motor temperature below the prescribed temperature which is set at 55◦ C. Therefore, an additional heat rejection pathway, with
low thermal resistance and high thermal capabilities, is required to secure the electric
motor operating temperature.
Configurations 7 and 14: This simulation configuration represents a passive
thermal bus with HTC, CF, and LHP heat rejection pathways operating in a parallel
configuration with the fan off (Configuration 7) and the fan operating at t=800 (s)
(configuration 14). The transported heat is dissipated to the ambient through natural
and forced convections. The corresponding thermal behaviors of the electric motor,
cradle, thermal bus, and heat sink are shown in Fig. 3.9. The dotted lines represent
passive cooling strategy (configuration 7) while the solid lines demonstrate the effect
of the fan operation with on the same cooling system configuration (configuration
14). These results indicate that the designed passive thermal bus is able to handle
moderate heat dissipation with the fan on/off and keep the electric motor’s temperature below 50◦ C during the electric motor operating time. Figure 3.9(a) illustrates
the electric motor, cradle, and heat sink temperatures as a function of time. Figure
3.9(b) displays the heat transferred through each individual pathway while the electric motor temperature is maintained within prescribed limits. This case study shows
that passive cooling system can dissipate relatively significant amounts of heat while
the heat sink fan operation may be necessary for high heat generation instances.
Configuration 15: The thermal performance of the system may be further investigated with integration of a computer controlled conventional fluid cooling system,
with electro-mechanical actuators, to the passive cooling system which completes the
hybrid cooling system design. The heat transfer primarily occurs through the passive
thermal bus until the e-motor temperature exceeds the upper operating temperature limit which is set on 50◦ C for this simulation. Once the load’s temperature
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(a)

(b)
Figure 3.9: Configurations 7 (free convection), and 14 (forced convection at t=800
sec) - System response for (a) Electric motor, cradle, heat exchanger, and ambient
temperatures as functions of time for convoy escort driving cycle using passive heat
rejection pathways; (b) Cradle, thermal bus and heat exchanger heat removal over
passive heat rejection strategy.
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reaches its rated operating temperature, a controller operates the water pump and
runs the coolant fluid through the system to cool it down to the minimum operating
temperature and then turns the water pump off. This strategy secures the electric
motor’s temperature below 55◦ C for the presented convoy escort driving profile (refer
to Fig. 3.10(a)) with optimized energy consumption needed for running the water
pump, actuators, and radiator fan. The fluid cooling cycle operates at 0.06 (Hz)
after 1,000 (s) to remove the emitted heat to the ambient through the radiator. The
corresponding e-motor, cradle, and heat sink temperatures are shown in Fig. 10(a).
The designed hybrid cooling system regulates the e-motor temperature within the
operating temperature limit set on 32◦ C – 50◦ C. The heat transfer rates are shown
in Fig. 3.10(b).
In this set of computational simulations, the effect of thermal capacitances
has been neglected. The improved model may contain the associated thermal capacitances which should be calculated based on the specific heat and the mass for each
pathway. In addition, an advanced controller may be employed to optimize the actuator operating time for further minimization of cooling system energy consumption.

3.6

Conclusions
A novel hybrid thermal management has been designed for improved heat re-

jection with minimal to no energy consumption. Improved thermal management in
military ground vehicles still remains an open challenge due to the increased heat
load from electro-mechanical components needed for enhanced performance and capabilities. The integration of multiple passive heat rejection pathways, composed of
high thermal conductivity material, aluminum carbon fibers, and loop heat pipes,
in parallel with an active cooling system configuration, offers an improved thermal
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(a)

(b)
Figure 3.10: Configuration 15 - System response for (a) Electric motor, cradle, heat
exchanger, and ambient temperatures as functions of time – A complete hybrid thermal management regulates the e-motor’s temperature with optimized energy consumption; and (b)Thermal bus and heat exchanger heat transfer rates as a function
of time.
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management system to satisfy the demands for low, moderate, and high heat rejection to the ambient surroundings. A mathematical model for each individual heat
rejection pathway has been developed and/or adopted from the literature to predict
the thermal behavior of the proposed hybrid ground vehicle cooling system. The case
studies, based on e-motor loadings with respect to a convoy escort driving cycle, indicate that the integration of parallel passive heat rejection pathways offers sufficient
heat transport and dissipation for moderate heat rejections over a single ambient
temperature. Further, the proposed strategy avoids a pump, mechanical actuators,
and radiator fans when purely passive operation can achieve target temperature limits. The future work includes the optimization of the cradle, thermal bus, and heat
exchanger(s) structures for targeted e-motor loads followed by the integration of the
designed hybrid thermal management system into a variety of ground vehicle simulation applications using scalability techniques.
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Chapter 4
An Electric Motor Thermal Bus
Cooling System for Vehicle
Propulsion – Design and Test
4.1

Abstract
Automotive and truck manufacturers are introducing electric propulsion sys-

tems into their ground vehicles to reduce fossil fuel consumption and harmful tailpipe
emissions. The mobility shift to electric motors requires a compact thermal management system that can accommodate heat dissipation demands with minimum energy
consumption in a confined space. An innovative cooling system design, emphasizing
passive cooling methods coupled with a small liquid system, using a thermal bus architecture has been explored. The laboratory experiment features an emulated electric
motor interfaced to a thermal cradle and multiple heat rejection pathways to evaluate
the transfer of generated heat to the ambient surroundings. The thermal response of
passive (e.g., carbon fiber, high thermal conductivity material, thermosyphon) and
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active cooling systems are investigated for two operating scenarios. The test results
demonstrate that up to 93% improvement can be achieved in cooling system energy
consumption during a light load electric motor condition while maintaining a target
core temperature of 70◦ C. The governing thermal system dynamics will be reviewed
in discussion of the experimental observations.

4.2

Introduction
The integration of electric propulsion systems in the next generation of military

ground vehicles will enable improved mobility, energy efficiency, and reliability while
offering significant reduction in greenhouse gas emission, weight, and noise generation.
Hybrid propulsion systems typically feature an electric motor with a battery pack in
a series hybrid configuration with a diesel engine to propel the vehicle. A significant
amount of heat may be generated through the operation of the integrated engine,
electric motor, battery pack, and on-board electronics. The challenge is to design
a compact thermal management system which can handle heat rejection demands
for expected operating conditions. The innovative thermal management system may
offer a high efficiency cooling solution which enables this paradigm shift towards long
range electric vehicles.
The advent of advanced computers, sensors, and controllers enables on-demand
cooling with replacement of mechanical components with electro-mechanical actuators in a conventional cooling system. The actuators’ operating cycles have been
optimized using advanced control algorithms to achieve further minimization in energy consumption [8,13,53]. In recent developments, military vehicles’ functionalities
and capabilities have become advanced with highly increasing use of electric motors in
propulsion systems [54]. Figure 4.2 conceptually displays a six wheeled hybrid vehicle
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Figure 4.1: Heat transfer modes in automotive applications with limited temperature
difference.

featuring in-hub electric propulsion system. The number of heat-generating components continues to grow in the next generation of military ground vehicles to meet the
demanding functions and tasks in battle fields. The integration of more powered component in a confined space creates a thermal challenge called high heat density. This
makes thermal management even more challenging as prolonged operating in these
conditions will ultimately lead to failure in operation. Several experimental and numerical studies have been conducted to address thermal challenges associated with
integration of electric motors, battery packs, and on-board electronics in automotive
applications [55–57].
With recent developments in material sciences, a wide variety of advanced
materials (e.g., composites, fibers, phase change materials, etc.) has been recognized
as an attractive cooling solution due to their unique thermal and mechanical properties [58]. The thermal behavior of advanced materials has been widely explored
experimentally and numerically. A thermal conductivity of 3,000W/mK has been
experimentally measured for carbon nanotubes at room temperature [46]. Their car75

(a)

(b)

Figure 4.2: Six wheeled autonomous military ground vehicle – (a) featuring inhub electric propulsion with hybrid thermal management system; and (b) system
architecture with platform removed.

bon fibers have been introduced to pure metallic materials (e.g., aluminum, copper,
etc.) which resulted to advanced composite materials with improved thermal and
mechanical properties. For instance, the in-plane thermal conductivity of aluminumcarbon composite could reach 700 W/mK while the aluminum thermal conductivity
is around 200 W/mK [30].
Two-phase heat transfer devices, including heat pipes, thermosyphon, etc.,
are recognized due to their outstanding effective thermal conductivity, simplicity in
geometry, and unique flexibility in structure. The effective thermal conductivity of
a 30mm-diameter 1m-long copper rod can be 90 times higher than a copper rod of
the same size [36]. Two-phase passive devices have been designed and developed in
different configurations for various applications and heat transfer capabilities. The
integration of heat pipes in vehicle cooling applications, including electric motor and
battery pack thermal management systems, have been investigated with the aid of
computational simulations and experimental investigations. The results illustrated
that heat transfer capabilities of passive cooling solutions are still limited to low to
moderate heat generating applications.
A vehicle cooling system’s energy efficiency may be further enhanced with inte-
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gration of a hybrid thermal management system which emphasizes on passive cooling
methods as well as active cooling solutions. The integration of hybrid thermal management using high thermal conductivity two-phase passive devices for electric motor cooling applications have been computationally investigated and experimentally
explored [42, 59, 60]. The research gap is to design an innovative thermal management system which includes multiple passive heat rejection pathways coupled with
a computer-controlled supplementary liquid system within a thermal bus concept.
The inclusion of passive heat transfer devices and high effective thermal conductivity materials offers a cooling solution which accommodates increasing thermal loads
while enabling a silent sentry operation mode with no energy consumption. During
the passive mode of operation, a relatively large portion of the heat is moved to the
ambient surroundings through two-phase passive devices.
The remainder of the paper is organized as follows. Section 4.2 explains the
hybrid cooling system strategy the with thermal bus concept and a cradle designed
for electric motor cooling. The cooling system architecture is demonstrated in Section
4.3. The experimental results are discussed and explored in Section 4.4. Conclusions
may be found in Section 4.5.

4.3

Electric Motor Cooling System Strategies
Electric and hybrid vehicles typically contain AC electric motors in the pow-

ertrain system for propulsion. In conventional electric motors, a wire wound stator
draws current to meet the load demand. Heat is generated when current passes
through the stator winding structure as well as frictional effects due to rotating
parts. The heat generation rate varies depending on the road profile and driving
conditions. To ensure proper performance, the excess heat must be dissipated to the
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ambient surroundings to maintain the motor within the prescribed temperature limits. The heat has been traditionally removed through conventional cooling systems
which offer coolant flow across the external shell or air flow around the stator windings. However, these methods generally require considerable fan and pump operation
which consumes electrical power. Overcooling and overheating are thermal challenges
which may occur.
In some instances, the electric motor’s heat generation may be low to moderate
which reflects a stationary or constant speed driving condition. On the other hand,
hill climbing, or sudden accelerations will produce relatively large amounts of heat.
A properly designed passive cooling system offers cooling for various motor operating
modes, but the demand for high heat rejection necessitates the integration of a liquid
cooling system. The novel thermal management system features parallel heat transfer
pathways which maintain the motor’s temperature within prescribed limits while
minimizing the cooling system energy consumption. Figure 4.3 illustrates an in-hub
electric motor with passive and active cooling pathways.

Figure 4.3: Heat flow for electric motor to environment via multiple thermal pathways
including passive and active solutions.

Electric motors are offered in different configurations, sizes, and efficiencies.
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Regardless, the generated heat must be efficiently removed from the motor structure.
A high thermal conductivity surface area, which thermally interfaces the electric
motor with the cooling system or “Cradle” is designed to transfer heat away from the
shell. This heat is moved to a separate heat exchanger(s) using passive and/or active
cooling. The pathways must feature adequate flexibility so that they can fit within a
compact structure. For instance, military vehicles restrict air flow due to armor and
other blast integration hardware. A flexible thermal bus allows heat to travel from
the motor source to remote heat exchangers located along the outer surfaces. The
bus features passive cooling solutions (e.g., carbon fibers, heat pipes, thermosyphon,
composites) with no external power requirements for low and moderate heat rejection
needs. A compact computer-controlled liquid cooling system can be supplied to the
bus for large heat removal instances. The liquid cooling system’s energy consumption
can be minimized by using a supervisory control algorithm to regulate the pump and
fan operating cycles with respect to the electric motor’s operating temperature.
The heat exchanger finally dissipates the heat to the ambient surroundings.
The heat rejection may occur through either natural convection or forced convection
depending upon the heat dissipation requirements. The passive and active cooling
system may share a common heat exchanger or attach to multiple separated heat
exchangers at different locations. The heat exchanger(s) may feature multiple fan
assemblies with variable speed AC motors for further minimization of electrical power
consumption using a non-linear control algorithm.

4.4

Electric motor Cooling System Experiment
A complete bench top electric motor cooling system featuring passive and ac-

tive cooling pathways is designed and built. Figure 4.4 displays the experimental set
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that is constructed to determine the hybrid cooling system thermal behavior. An emulated electric motor is used to supply heat input to the system. The cooling system
contains cradle, thermal bus, and heat exchangers to efficiently remove the excess
heat with minimum energy consumption. The designs of the emulated electric motor
and hybrid cooling system’s components are explained in the following subsections.

Figure 4.4: Bench top experimental set up constructed for electric motor hybrid
cooling system featuring parallel heat rejection pathways.

4.4.1

Electric Motor Thermal Load
To emulate the heat generation by an electric motor, heater cartridges are

placed in a radial fashion in an aluminum block. The heat input is supplied using
six 700W cartridge heaters. The aluminum cylinder represents the motor shell. The
electric power to the cartridge heater powers are computer-controlled to simulate
different driving profiles for various wheel torques and speeds. Figure 4.5 shows the
configuration of the fabricated electric motor shell which is 10cm diameter and 16cm
long aluminum block.
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(a)

(b)

Figure 4.5: Emulated electric motor used to supply input heat to the cooling system
using cartridge heaters – (a) perspective graphical view; and (b) top experimental
view.

4.4.2

Cradle
The electric motor is enclosed with a thin shell “cradle,” including endcap,

which transmits the internal heat to the cooling system. The assembly is comprised of
a 15.2cm outer diameter aluminum cylinder and a 15.2cm outer diameter cylindrical
end-cap structure as shown in Figs. 4.6(a) and 4.6(b). The endcap features two
holes on a circular surface and internal fluid passages for interfacing with the thermal
bus. The effective thermal conductivity of the cradle is significantly promoted with
integration of capillary heat pipes per Fig. 4.6(c). Finally, a copper pipe is coiled
around the lateral surface of the cradle where the liquid circulation is supplied. The
prototype cradle design is illustrated in Fig. 4.6(d). Thermal interface materials (e.g.,
thermal paste) may be used to enhance the thermal contacts between the emulated
electric motor and cradle.
The enclosed heat pipes are two-phase passive devices with high effective thermal conductivities and flexible structures. Heat pipes are typically composed of a
sealed enclosure containing of a wick structure saturated with a small amount of
working fluid such as water, acetone, ammonia, etc. The working fluid is chosen with
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(a)

(c)

(b)

(d)

Figure 4.6: Cradle - (a) structure with featuring liquid jacket; (b) front view endcap; (c) back view – end cap with embedded capillary heat pipes; and (d) complete
prototype .

respect to the required operating temperature. A heat pipe has evaporator and condenser sections connected through an adiabatic section. The heat, externally applied
to the evaporator, vaporizes the liquid accumulated in the wick structure. The resulting vapor pressure drives the vapor towards the condenser through the adiabatic
section. The vapor releases the latent heat of vaporization and turns back to the
liquid phase. Then, the condensate travels back to the adiabatic section towards the
evaporator through the wick structure due to the capillary pressure created across the
wick. This is a continuous process as long as a sufficient capillary pressure is created
across the wick structure.
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4.4.3

Hybrid Thermal Bus
Heat transfer between the cradle and the heat exchanger(s) occurs via con-

duction and convection. The hybrid thermal bus includes three passive heat transfer
pathways combined with a compact computer-controlled liquid cooling system. The
passive cooling solutions include high thermal conductivity material, carbon fiber, and
thermosyphon. The thermal bus is thermally insulated on its lateral surface. The
bench top scale experiment enables a 60cm heat transfer length between the thermal
load and the heat exchangers, as shown in Fig. 4.7, with the thermal insulation cover
removed.

Figure 4.7: Hybrid cooling system concept featuring hybrid thermal bus with insulation cover removed.

4.4.3.1

Thermosyphon (TS)

The Thermosyphon is a gravity aided two-phase passive device which offers
extraordinary thermal conductivity. This natural circulation closed loop system is
partially filled with a working fluid. The working fluid is passively circulated between
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a heating section, known as the evaporator, and a cooling section, known as the condenser. To ensure the liquid return, the condenser must be situated slightly above
the evaporator assembly. A design consideration is the filling ratio of the working
fluid properties which significantly influences the thermal performance. Several experimental and numerical studies have been conducted to investigate the effects of
different operating parameters on thermal performance [61]. The integration of loop
heat pipes in a thermal bus based thermal management system was also explored
mathematically [60].
A complete closed loop thermosyphon, including evaporator and condenser
components, has been designed and built as shown in Fig. 4.7. The loop contains
distilled acetone with a filling ration of 50%. The internal fluid passages within the
cradle serve as the thermosyphon evaporator assembly which transfers the heat to
the working fluid. The heat initially increases the subcooled liquid up to the boiling
point where phase change begins. The vapor travels the vapor line towards the
heat exchanger due to buoyancy-driven motion of bubbles originating from the cradle
surface area. The working fluid may release the latent and sensible heat while flowing
through the heat exchanger. The condensate is then returned back the endcap due
to gravity. Three individual variable speed DC fans (1.26W) are attached to the heat
exchanger for enhanced convective heat transfer.

4.4.3.2

Carbon Fibers (CF)

Exceptional thermal characteristics and unique mechanical properties of carbon fibers (e.g., carbon nanotubes, vapor-grown fibers) offer another solution for improved thermal management. Carbon-based composites may feature enhanced thermal conductivity, stability, structure flexibility, and strength associated with weight
reduction [58].
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As proof of concept, the designed thermal bus has integrated a 1.27cm-diameter
60cm-long carbon rod to conduct the heat to a heat sink as shown in Fig. 4.7. The
thermal conductivity of the carbon rod varies as a function of temperature. Along the
length of the rod, at room temperature, the thermal conductivity is predicted to be
approximately 140W/mK. However, the thermal conductivity decreases as the temperature increases until it reaches a minimum of approximately 40W/mK at 2000◦ C.
The directional heat transfer rate,

dQx
,
dt

through the carbon rod may be ex-

pressed as
dT
dQx
= −kx (T )A
dt
dx

(4.1)

where kx (T ) denotes the temperature dependent thermal conductivity in x-direction
and A is the heat transfer cross-sectional area. The temperature differential with
respect to x becomes

4.4.4

dT
.
dx

High Thermal Conductivity Materials (AL)
Conduction is the primary mode of heat transfer in low heat generating ap-

plications such as on-board electronics. The benefit of a passive solution is high
reliability, low maintenance cost, and no moving components. The effectiveness of
the conductive heat transfer is determined by the conductive heat transfer surface
area, length, temperature gradient, and thermal conductivity. Conduction is commonly used in thermal management due to the minimal cost and implementation
requirements.
A 1.27cm-diameter 60cm-long aluminum rod is implemented in the thermal
bus structure. The rod is thermally interfaced with the endcap on one end and
attached to the heat sink on the other end as shown in Fig. 5.7. The resistance of
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the thermal interface between endcap and rods is decreased using a thermal paste.

4.4.5

Smart Liquid Cooling Systems
Traditional liquid cooling systems are typically composed of a water pump,

mechanical thermostat valve, radiator, and fan(s). The proposed compact hybrid
thermal management system features a smart liquid cooling system which offers ondemand cooling for minimized energy consumption. A computer-controlled 12-volt
DC pump, for reduced total weight and size, provides a flow rate of 20 GPM (gallon
per minute) while drawing up to 6 amps under normal operating conditions. The
operation cycles of the radiator fan(s) and the coolant pump is then minimized with
respect to the electric motor core temperature using classical control theories. The
temperature and current measurements are recorded on a computer through a National Instrument data acquisition system, NI-6211, and the data is monitor and
analyzed on LabView.

4.4.5.1

Heat Exchanger Dynamics

The transported heat may be dissipated to the ambient surroundings through
individual heat exchangers. The concentrated heat conducted through the aluminum
and carbon rods share a compact finned heat sink. A cross flow heat exchanger has
been integrated in the thermosyphon to cools down the working fluid. Three 10cm
DC fans are attached to the heat exchanger to supply up to 2m/s forced air flow.
Further, the supplementary liquid cooling system employs a separate radiator assembly which transfers the thermal energy from the circulating coolant to the
ambient environment. This radiator also features two AC fans (110volt, 0.5Amp)
which supply air flow across the heat transfer surface area should the ram air become
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(a)

(b)

Figure 4.8: Heat exchangers arranged in a parallel configuration – (a) thermosyphon;
and (b) liquid cooling heat exchanger.

inadequate. The operation cycles of the AC and DC fans are optimized with respect
to the cooling demands. This strategy maintains the heat load’s temperature while
minimizing energy consumption. Figure 4.8 displays the heat exchangers arranged in
a parallel configuration.

4.5

Results and Discussion
The designed bench top scale hybrid cooling system has been assembled in a

laboratory. A complete set of experimental testing has been conducted to describe
the thermal behavior of the cooling system subject to a steady-state input thermal
load and a time-dependent load profile. This smart cooling system is programmed
to regulate the electric motor’s operating temperature, TH , between 65◦ C to 75◦ C.
The ambient temperature is maintained at approximately T∞ = 22◦ C during the
experiments.
The experimental investigation involves the evaluation of the emulated electric
motor thermal performance. Figure 4.9 provides the temperature response of the
emulated electric motor before and after the cradle structure is attached. The thermal
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Figure 4.9: Baseline - Temperature response of emulated 160VA electric motor; time
constants of 110 minutes and 76 minutes for the emulated motor by itself and emulated
motor attached to cradle – Free convection on cradle lateral surface.

behavior of the emulated electric motor with 160W heat generating rate (for a 98%
efficient electric motor, 160W heat generation corresponds to a shaft load of 8kW
electric motor) is shown as a function of time. The steady-state condition is reached
after 5 hours of operation with a 110-minute of time constant at a temperature of
185◦ C . The temperature response is then measured with the cradle installed while the
identical input heat is continuously applied by the motor. As a result, the temperature
falls to 140◦ C with a lower time constant of 76 minutes. This drop in the final
temperature is due to the additional thermal capacitance and the natural convection
heat transfer which occurs through the cradle lateral surface.
Each cooling pathway is then supplied to the cradle one at a time and the
thermal behaviors of the electric motor and the cooling systems are analyzed. First,
the performance of the thermosyphon subject to 160VA heat is studied. Figure 4.10
shows the temperatures of the electric motor, evaporator, and condenser outlet as a
function of time. The generated heat flows towards the cradle endcap which contains
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Table 4.1: Experimental test matrix to explore thermal response of cooling system
methods subject to the 160VA emulated motor (Tests 1-9) and varying thermal load
of 200-3000 W (Test 9*)

the working fluid, acetone, in liquid phase. The motor’s temperature rises rapidly
from 22◦ C to 75◦ C which vaporizes the working fluid at approximately 60◦ C . The
vapor travels the vapor line due to buoyancy-driven motion of bubbles toward the
heat exchanger. Once the vapor reaches the heat exchanger, it releases the latent
heat and returns back to the liquid phase. The vaporization continuously increases
the pressure of the vapor line until the pressure becomes sufficient to passively drive
the liquid back to the evaporator through the liquid line. Once the circulation begins, the temperature of the liquid line sharply increases (t = 100s) until it reaches
steady-state at t 2̄30s. The effect of the fan operation on the heat exchanger’s performance is demonstrated by applying forced convection at t = 240s. As illustrated, the
temperature of the liquid line drops significantly after 5 seconds of fan operation and
then rapidly returns to the steady-state condition after approximately 100 seconds.
This results in 6◦ C and 2◦ C temperature drops at the evaporator and electric motor,
respectively. The free and forced heat transfer regions are shown in Fig. 4.10.
The cooling capacity of the complete passive cooling system, including thermosyphon, carbon, and high thermal conductivity material, is examined. Figure 4.11
displays the responses of the 160VA emulated electric motor, cradle, and heat sink
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Figure 4.10: Tests 1 and 2 - Temperature response of evaporator, condenser inlet and
condenser outlet of thermosyphon subject to 160VA steady-state input heat - Forced
cooling regions are shaded with gray.

Figure 4.11: Tests 6 and 7 - Temperature response of the passive cooling system
subject to the 160VA electric motor.
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Figure 4.12: Test 9 - Electric motor heat generation rate as a function of time

attached to the carbon and aluminum rods. The results illustrate that the complete
passive cooling system cannot maintain the motor’s temperature below 75◦ C which
is the maximum operating temperature. The forced convection is supplied to the
heat exchangers at t=125s through the attached optional fans. The electric motor’s
temperature reduces down to 72◦ C during the fan operation where the operating
conditions are met Likewise, the thermal performance of each cooling pathway is
evaluated and summarized in Table 4.1.
The experimental investigation is continued to predict the thermal performance of the developed hybrid cooling system for the time-dependent input heat
shown in Fig. 4.12. This load profile may represent the generated heat through
an in-hub electric motor of a platooning ground vehicle. The heat generation initially remains at 3kW (e.g., 150kW shaft load for 98% efficient motor) for 1 minutes
which may correspond to vehicle acceleration cycles. The remaining variation of heat
generation could be related to instantaneous vehicle speed and applied torque. The
simulated heat load profile is supplied to the electric motor for test 9.
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Figure 4.13: Test 9 - Thermal response of emulated motor interfaced with the completed hybrid cooling system subject to transient heat continuously applied

The thermal behavior of the complete hybrid cooling system subject to the
time-dependent input load is described. Temperature measurements are conducted
on the electric motor, motor shell, and endcap. Figure 4.13 shows the temperature
responses with respect to the transient heat input. In this configuration, the thermal
load is primarily dissipated to the ambient environment through the passive heat
rejection pathways. Once the operating temperature violates the prescribed operating temperature range (Tmax = 75◦ C), the ethanol glycol circulation begins. The
computer-controlled liquid cooling system operating cycles is regulated using classical
control theories. The coolant is circulated continuously between the evaporator and
radiator assembly until the electric motor’s temperature reduces to the lower temperature limit (Tmin = 65◦ C). The results illustrate that the hybrid cooling strategy
is able to secure the electric motor’s operating temperature between 65◦ C to 75◦ C
with minimum reliance on the active cooling operation. The liquid cooling energy
consumption in 1 hour of operation is 41.3kJ is equivalent to 11.5Wh. This means
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that the hybrid cooling system energy consumption is reduced up to 93% while the
heat rejection needs are managed through the passive cooling systems.

4.6

Conclusion
The emphasis on autonomy and fuel efficiency in the next generation of mili-

tary ground vehicles necessitates the integration of electric motors with battery pack
in the propulsion system. This study experimentally investigates the thermal behavior of an electric motor hybrid cooling system subject to several inputs with different
configurations. The innovative electric motor thermal management system features
a hybrid thermal bus composed of multiple passive cooling pathways coupled with
a computer-controlled liquid cooling system. This provides an alternative pathway
which enables on-demand cooling, silent sentry operation, and component downsizing
while reducing energy consumption. The results demonstrate that the designed hybrid
cooling system can maintain the electric motor’s temperature within the prescribed
range while offering up to 93% energy saving for a light load condition. However, the
results may not represent the global optimal energy efficiency. Therefore, future work
includes the development of a mathematical model which represents the proposed
cooling system architecture to formulate an optimization problem for maximized energy efficiency.
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Chapter 5
An Innovative Electric Motor
Cooling System for Hybrid
Vehicles - Model and Test
5.1

Abstract
Enhanced electric motor performance in transportation vehicles can improve

system reliability and durability over rigorous operating cycles. The design of innovative heat rejection strategies in electric motors can minimize cooling power consumption and associated noise generation while offering configuration flexibility. This
study investigates an innovative electric motor cooling strategy through bench top
thermal testing on an emulated electric motor. The system design includes passive
(e.g., heat pipes) cooling as the primary heat rejection pathway with supplemental
conventional cooling using a variable speed coolant pump and radiator fan(s). The
integrated thermal structure, “cradle”, transfers heat from the motor shell towards
an end plate for heat dissipation to the ambient surroundings or transmission to
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an external thermal bus to remote heat exchanger. A complete lumped parameter
numerical modelling was implemented to estimate the thermal behavior of the corresponding electric motor cooling system. Experimental and numerical results compare
the temperature, heat flux, and cooling power measurements. For 250VA thermal
load applied, the hybrid heat rejection strategy could save up to 33% of the power
consumption while the operating condition is secured. Higher thermal loads can be
handled through the combined passive and active pathways with minimum power
consumption. Based on these findings, integrated electric motor cooling merits attention for further investigation through field testing, scaling, and utilization in other
applications.

5.2

Introduction
Improved performance, durability, mobility and reliability have increased the

interest in propulsion system electrifications in military ground vehicles. Military vehicles can be as small as an autonomous vehicles or as big as large trucks. A mid size
six wheeled autonomous military ground vehicle is shown in Fig. 5.1 [62]. Propulsion systems in hybrid vehicles typically include electric motors in parallel or series
with combustion engines. Electric motor windings typically carry up to 90 amperes
which generate a significant amount of waste heat. Heat dissipation is even more
challenging in military vehicles due to their complex configuration, excessive operating conditions, unique working environments, and protective armor. The heat needs
to be carried off through an advanced thermal management system, which secures
operating temperatures within prescribed limits with minimum power consumption,
noise generation, maintenance cost, and weight.
The emphasis on the minimization of energy consumption in the next gener95

Figure 5.1: Six wheeled autonomous military ground vehicle.

ation of combat vehicles demands an innovative hybrid cooling system which offers
improved fuel efficiency, design flexibility, and compact structure while the safety of
soldiers is secured. A solution may feature passive cooling strategy along with a computer controlled conventional liquid cooling system to dissipate the generated heat to
the ambient environment. The computer-controlled hybrid cooling system strategy
offers a tool to regulate the electro-mechanical actuator operating cycles which further
minimizes the energy consumption during low, moderate and high heat dissipating
demands. Figure 5.1 displays an autonomous military ground vehicle platform which
may feature hybrid cooling system for improved fuel efficiency.
Passive cooling strategies have been previously studied for improved heat dissipation rates in automotive applications. Enhanced passive heat transfer rate may
be achieved through heat transfer surface area expansion and/or integration of high
thermal conductivity materials. Different fin structures may be incorporated for enlarging heat transfer surface areas, although unlimited surface expansion faces serious
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design issues due to the space limitation. High thermal conductivity materials, carbon
fibers, two-phase passive devices, etc. have been integrated in thermal management
systems for further improved heat transfer rates [17,31–33,63]. Two phase heat transfer devices, including heat pipes and thermosyphons, are passive devices which offer
high effective thermal conductivity to transfer relatively large amounts of heat for
fairly long distances with no external power needed [16]. Heat pipes with different
configurations and thermal capabilities have been well-studied [36]. Heat pipes have
been used in different cooling system architectures for improved thermal management
systems including military vehicles [41, 64, 65].
For large heat generating applications, conventional liquid cooling systems
have been well-developed. In such systems, the heat generating components are in
liquid communication with a heat exchanger. The coolant is circulated throughout the
system to move the heat from heat sources to the ambient surroundings. In recent
developments, mechanical components have been replaced with electro mechanical
actuators. Tao [13,14] applied a non-linear control algorithm to optimize the electromechanical actuator operation time for reduced energy consumption. Shoai-Naini
et al. [44, 60] has numerically explored hybrid thermal management systems with
integration of heat pipes coupled with a conventional liquid cooling system. The
performance of a heat pipe-based electric motor cooling system with an attached
centrifugal fan has been computationally investigated [66].
In this study, the integration of hybrid cooling system for electric motor applications will be examined. The proposed hybrid cooling strategy offers a passive
heat rejection pathway combined with a computer controlled liquid cooling system.
The passive cooling system configuration is composed of multiple capillary heat pipes
which passively transfer the heat to a finned structure heat exchanger with no energy
consumption. For promoted convective heat transfer rate, a centrifugal fan is placed
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in the middle of the heat sink. Along with the passive cooling, a computer controlled
liquid cooling system is provided for high heat rejection demands. The remainder of
the paper is organized as follows. Section 5.3 describes the proposed hybrid cooling
strategy in detail. The corresponding mathematical model for the complete hybrid
cooling system is presented in Section 5.4. Then, the findings are validated through
a set of bench top experimental tests presented in Section 5.5. Finally, Section 5.6
includes the conclusion.

5.3

Cooling System Description
Propulsion system electrification has increased the demand for innovative elec-

tric motor cooling systems which operate with high efficiency and minimum energy
consumption. Electric vehicle drive systems and accompanying battery packs are
typically recognized as the primary heat generating sources in electric vehicles. The
heat generation usually ranges over low to high with respect to operating conditions.
The generated heat must be routed towards the ambient surroundings to maintain
the system’s prescribed temperature. Low to moderate heat generation rates usually correspond to stationary conditions or low speed driving profiles. In this case,
a high-performance passive cooling system may be sufficient to dissipate the associated thermal energy with no external power consumption. However, passive cooling
pathways usually suffer from lack of high heat transfer capabilities.
Passive cooling limited heat transfer effectiveness necessitates the integration
of a supplementary conventional liquid cooling system in the proposed vehicle cooling system for high heat dissipation scenarios. The proposed thermal management
system features a passive heat rejection pathway along with a computer controlled
conventional liquid cooling system to efficiently satisfy the cooling demands over a
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wide range of heat generation instants. The liquid cooling system operating cycles
may be optimized based on a supervisory control algorithm for minimal energy consumption and maximized cooling system efficiency. This heat is typically dissipated
to the ambient surroundings or transferred to a heat recovery system. To avoid overheating, the heat generated during operation should be efficiently transmitted out
of the motor housing through a high conductive thermal mechanism, or “cradle”.
The cradle’s optimized surface area offers low thermal resistance to provide a high
thermal conductivity pathway between the heat source and a thermal bus for heat
transportation or an attached heat exchanger for heat dissipation to the ambient
environment.
The flexible thermal bus may be designed for short or long-distance heat transportation. A passive thermal bus may be composed of high thermal conductivity
materials or two-phase passive devices to efficiently transfer the heat. The thermal
properties including high thermal conductivity, diffusivity, and low thermal expansion may significantly influence the thermal energy transmission. An effective thermal
bus may feature multiple heat rejection pathways for different heat rejection scenarios
along with some fluid passages for fluid flows that significantly increase the thermal
capability of the cooling system. This process is essentially associated with an exceptional convective heat transfer coefficient induced by absorbing/releasing sensible
and latent heat.
The transported heat must be dissipated to the ambient surroundings; typically a high efficiency heat exchanger with an electric fan. The thermal efficiency of
the heat exchanger is typically characterized by the effective heat transfer surface area,
thermal conductivity, and the convective heat transfer co-efficient. The surface area of
the heat exchanger is maximized for any particular applications with respect to space
limitations. The thermal conductivity of the heat exchanger is further limited due
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to manufacturing costs, total weight, and operating conditions. Improved convective
heat transfer coefficient may significantly increase the heat dissipation to the ambient
surroundings. Convective heat transfer coefficients and effective heat transfer surface
areas are typically maximized with integration of different fin designs, including, but
not limited to, plain, wavy, and louvered fins, and/or optimization of fin spacing.
Enhanced convective heat transfer coefficients may be achieved by introducing forced
convection to the radiator, which increases air flow running through the fin arrays.
The complete electric motor cooling system architecture is conceptually shown
in Figure 5.2. The generated heat is primarily dissipated to the ambient environment
though the passive cooling system, composed of multiple heat pipes extending within
the cradle structure on one side, and attached to a finned structure heat sink assembly
on the other side. An optional centrifugal fan is then placed in the middle of the heat
sink structure for enhanced convective heat transfer rate as necessary. In addition to
the passive cooling system, a complete conventional liquid cooling system is supplied
to the electric motor through a cooper coil wrapped around the external surface
area of the main cradle structure for increased heat rejection capabilities during high
heat rejection demands. The cradle structure surface, including the copper coil,
is completely covered by insulation materials to channel the heat. Therefore, the
generated heat is only shared between the passive and active cooling systems while
there is no direct heat dissipation to the ambient surroundings through the cradle
structure.

5.4

Mathematical Model
The proposed hybrid cooling system is modelled using a lumped parameter

approach to estimate the thermal performance for various driving profiles. Figure 5.3
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Figure 5.2: Compact cooling system for an electric motor with the insulating protective cover removed.

illustrates a schematic diagram for the proposed hybrid cooling system thermal nodal
network. This hybrid system features a passive heat rejection pathway combined
with a conventional liquid cooling system. The power consumption is calculated
based on the active cooling fan and water pump electrical power specifications. The
cooling system is interfaced with an emulated electric motor through a high thermal
conductivity cylindrical cradle structure that brings the contact to the electric motor
housing. The heat is dissipated to the ambient surroundings via two separate heat
exchangers; a heat sink and a radiator.
The passive cooling system features a load bus which transfers the thermal
energy to the heat sink for dissipating to the ambient. The thermal bus mechanism
consists of multiple capillary heat pipes with the evaporator sides extending inside
the cradle structure and the condenser sides extending outside the cradle. The heat
pipes are placed equally spaced in a radial pattern within the cradle wall. A series of
fins is added to the heat pipes’ condenser sections for enhanced heat dissipation. A
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Figure 5.3: Thermal nodal network for hybrid cooling system.

centrifugal fan may be placed in the center of the heat sink to promote forced convection if needed. Capillary heat pipes typically offer high effective thermal conductivity,
low weight, and compact thermal bus structures for short distance heat transmission.
A standard active cooling system is incorporated for high heat rejection scenarios. The heat is transferred to the coolant through a helically coiled copper tube,
referred to as a “water jacket”, wrapped around the periphery of cradle structure.
The heat is then dissipated to the ambient through a radiator with an attached fan
for forced convective heat transfer. The system circulates the coolant using a water
pump while the associated flow rate may be measured by a flow meter.

5.4.1

Cradle
A significant amount of heat is produced within the electric motor housing

as current flows through the winding structure. Traditional cooling systems typically
offer air flow across the external shell or coolant flow within the shell. Water, ethylene
glycol or oil flows around the periphery of the stator. The integration of hybrid cooling
in electric motor applications necessitate an alternative thermal contact mechanism
that provides high thermal conductivity thermal interfaces for both passive and active
cooling pathways.
The cradle design includes an aluminum hollow cylinder that offers a hybrid
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Figure 5.4: Hybrid cradle design featuring heat pipe holes and wrapped copper tubing
for coolant circulation.

thermal contact for the motor housing interface (Refer to Figure 5.4). There are
twenty holes, evenly spaced, within the wall for the passive thermal bus interfaced
with the heat pipe evaporators. The coolant may be supplied to the electric motor
through a copper pipe tubing of 1/2” diameter helically coiled around to the lateral
surface of the cradle structure. The cradle structure, including the spring coil, is
well-insulated to avoid heat dissipation to the cradle surroundings. However, the
insulation material and the insulating protective cover are not shown in figure 5.4 to
emphasis on the demonstration of e-motor cradle structure.
The temperature profile over the cradle may be modeled as a hollow cylinder
with two boundary conditions. For one-dimension, steady state condition, with no
internal heat generation, the cradle temperature, Tcr , may be written as
1 δ
δT 
kr
=0
r δr
δr
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(5.1)

Tcr (r) = C1 ln

r
+ C2
r1

(5.2)

where C1 and C2 are constants, k denotes the thermal conductivity, and

1

indicates the inner cylinder radius. The complete Nomenclature List may be found
in the Appendix.
The boundary conditions include a surface temperature specification at the
inner radius, r = r1 , which may be expressed as

Tcr (r1 ) = Ts

(5.3)

A heat flux condition may be imposed at the outer surface. The heat flow, q
, is continuous between the cylinder and the fluid,r = r2 , so that

q = −k

δTc
= h(Tcr (r2 ) − Tf l )
δt

(5.4)

where h is the convective heat transfer coefficient, Tf l denotes the coolant
temperature, and r2 represents the outer radius of the cylinder where the cradle is
interfaced with the coolant.
Finally, the expression for the cradle’s temperature distribution, Tcr (r), becomes

Tcr (r) =

  
Ts − Tf l
r
ln
+ Ts
r2 
k
r1
+ ln
hr2
r1

(5.5)

The temperature profile over the cradle structure, Tcr , may be calculated when
the heat transfer is associated with conduction and convection. The cradle thermal

104

resistance, Rcr , may be modeled using two resistances in series so that

Rcr =

Lcr
1
+
kcr Acr hcr Acr

(5.6)

where terms Lc r, kc r, Ac r, and hc r denote the cradle length, thermal conductivity, heat transfer surface area, and convective heat transfer coefficient.

5.4.2

Heat Pipes
Heat pipes are two-phase passive devices with exceptional thermal conductiv-

ity, long lasting durability, structure flexibility, and minimal temperature drop along
the structure. They usually contain a small amount of working fluid (e.g., water, acetone, ammonia). Once the heat is applied to one end of the pipe, the working fluid,
accumulated in the wick structure, is vaporized. The resulting vapor pressure moves
the vapor towards the other end, condenser, where the latent heat of vaporization is
released, and the vapor returns back to the liquid phase. Then, the liquid passively
travels back to the evaporator section through the wick due to the capillary pressure.
The latent heat of vaporization is continuously transferred from the evaporator to the
condenser section as long as the capillary pressure, created across the wick structure,
is adequate for flow circulation within the pipe. Heat pipes can be of any size and
configuration. The thermal behavior of capillary forced heat pipes interfaced within
the electric motor shell was computationally modeled and studied [17]. Figure 5.5
conceptually displays the design of the cradle with the heat pipes installed.
The thermal performance of heat pipes is typically characterized with respect
to their configurations, diameters, total lengths, working fluid thermal properties, wall
and wick structure materials, etc. Capillary pressure, required to run the liquid flow
throughout the heat pipe, is created within the wick structure. The wick structure
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Figure 5.5: Cradle structure with embedded heat pipes inserted to form radial pattern
before addition of circular fins.

usually contains a porous material which can be characterized by the porosity and
permeability. The capillary pressure, Pc , must be large enough to overcome the
frictional pressure losses occurring during the evaporation-condensation process or
Z
∆Pc >
Lef

δPv
dx +
δx

Z
Lef

δPl
dx + ∆PP C,e + ∆PP C,c + ∆Pg
δx

(5.7)

δPv
is the sum
δx
of inertial and viscous pressure drop occurring in vapor phase due to vapor flow, and
δPl
is the sum of inertial and viscous pressure drop occurring in the liquid phase.
δx
The symbol ∆PP C,e denotes the pressure gradient across the phase transmission in
where ∆Pc )is the capillary pressure created within the wick structure,

the evaporator, ∆PP C,c represents denotes the pressure gradient across the phase
transmission in the evaporator, and∆Pg is the static pressure drop due to gravity.
The terms ∆PP C,e and ∆PP C,c are neglected to simplify the mathematical description
based on operating conditions.
The thermal behavior of capillary forced heat pipes may be simplified using
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Figure 5.6: Thermal nodal network associated with a capillary heat pipe and simplified notations.

the lumped parameter analysis. The thermal nodal network, shown in Figure 5.6,
corresponds to a round heat pipe interfaced with a heat source and a heat sink.
The thermal resistance of the heat pipe, Rhp , may be expressed as

Rhp =

Tcr − Thp
qhp

(5.8)

where Th p represents the heat pipe operating temperature and qh p is the heat is being
transferred. The corresponding thermal performance of the capillary forced heat pipe
may be estimated as

−1
Rhp



1
= Rci + Rwe + Rpe + Rve +
+ Rwc + Rpc + Rvc + Rsi
1
1
1
+
+
Rva Rpa Rwa

−1
(5.9)

In this expression, Rwe , Rpe , and Rve represent the thermal resistance of the wall,
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wick, and vapor in the evaporator. Similarly, Rwc , Rpc , and Rvc denote the thermal
resistance of the wall, wick, and vapor in the condenser. Further, Rva , Rpa , and
Rwa indicate the vapor, wick structure, and the wall thermal resistances in the axial
direction, respectively.
The external contact thermal resistance at the evaporator interface, Rci , may
be stated as
Re0
πd0 Le

Rci =

(5.10)

0

where Re is the contact resistance, do is the inner diameter of the pipe, and Le denotes
the evaporator length. The contact thermal resistance at the condenser interface, Rsi ,
may be expressed as

Rsi =

Rc0
πd0 Lc

(5.11)

0

where Lc indicates the condenser length and Rc is the contact resistance between the
heat pipes and the heat sink.
The radial conduction resistance in cylindrical coordinate, Rw , becomes
dwo 
dwi
Rw =
2πLw kw
ln

(5.12)

where dwo and dwi represent the inner and outer diameters of the pipe, Lw is length,
and kw corresponds to the thermal conductivity of the pipe.
The thermal conduction for the wick structure in radial direction, Rp , may be
written
dpo 
dpi
Rw =
2πLp kp
ln
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(5.13)

where dpi and dpo are the inner and outer diameters of the wick structure. Lastly, Lp
represents the length, and kp is the wick thermal conductivity.
The adiabatic thermal resistance, Rv a, may be expressed as

Rw =

Tv (Pve − Pvc )
ρv hf g q

(5.14)

where Tv is the vapor temperature, Pv e and Pv c indicate the vaper pressures in the
evaporator and condenser. Note that the thermal resistance at the liquid-vapor interfaces, Rv e and Rv c, as well as the adiabatic vapor chamber, Rv a, are negligible due
to this small values.
The equivalent thermal resistance, Rh p, may be reduced to the expression

(

Rhp − 1) = (Rwe + Rpe + Rwc + Rpc )( − 1)

5.4.3

(5.15)

Heat Exchanger
The cooling system design requires a high efficiency heat exchanger which

significantly enhances the heat dissipation to the ambient surroundings. The heat
dissipation can be raised by expanding the effective heat transfer surface area, increasing the convective heat transfer coefficient, and/or integrating high effective
thermal conductivity materials. A properly designed heat exchanger may feature a
fan to compensate the lower convective coefficient if ram-air becomes insufficient (e.g.,
a low speed driving mode or stationary conditions). The proposed electric motor hybrid cooling system offers two separate heat exchangers. One is a circular finned heat
sink structure attached to the back side of the electric motor with as associated fan in
the center. The second heat exchanger is a standard ground vehicle radiator assembly
for active cooling.
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Figure 5.7: Electric motor cooling system with attached finned heat sink and optional
centrifugal fan for forced convection.

Figure 5.7 illustrates the complete passive cooling system design, including
the finned heat sink with the attached fan for greater heat dissipation. Adding fins
extends the heat transfer surface area and consequently, increases convective heat
transfer coefficient of the system. The system features multiple circular fins mounted
on the outer ends of the embedded heat pipes. When properly designed, passive free
convection cooling may be able to maintain the electric motor operating temperature
should the ram air intake be sufficient, or heat generation is low. However, a centrifugal fan, placed in the center of the heat exchanger, provides forced convection if
needed based on a supervisory control algorithm.
Natural convection heat transfer significantly depends on effective heat transfer
surface area and convective heat transfer coefficient. During the natural convection
mode, the flow between the fins is induced by the buoyancy effect as the fin surface
temperatures exceed the ambient temperature (refer to Figure 5.8). The optimum fin
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spacing consideration yields to the maximum convective heat transfer coefficient with
respect to the lengths of the adjoining vertical plates. The optimum vertical plate
spacing, Sop , may be expressed as

−1/2

Sop = 3.24Lf ReL

P r−1/4

(5.16)

where Lf represents the fin length while ReL and Pr denote the Reynolds number and
Prandtl number.
The heat conducted to the fins may be modeled as a thermal resistance as
follows

Rf =

Lf
kf Af

(5.17)

where Rf is the conductive thermal resistance, kf denotes the thermal conductivity
of the fins, and Af is the thermal interface surface area.
The convective heat transfer coefficient is calculated based on the Nusselt
number which represents the dimensionless temperature gradient at the fin surface.
The Nusselt number, N us , for vertical oriented plates may be written as [67]
35
Sop  0.75

Ras
1
Sop 
L
N us = Ras
1−e
24
L
−

(5.18)

The flow motion between the adjoining vertical plates is governed by a balance
between the viscous forces and buoyancy known as Rayleigh number. The Rayleigh
number, Ras , for vertical plates can be expressed as

Ras =

3
gβ∆T Sop
ρa
αµ
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(5.19)

where g is gravity, β represents the thermal expansion coefficient, ∆ T is the temperature difference between the fin surface and the air, ρa denotes the air local density,
α is the thermal diffusivity, and µ indicates the air viscosity. The free convective heat
transfer coefficient, hf r , can be stated as

hf r =

N us kA
Sop

(5.20)

where k is the thermal conductivity of the air with respect to the ambient and the
fin surface temperatures.

Figure 5.8: Hybrid cooling concept with heat pipes– (a) end view of system with heat
pipe tips in contact with final circular fins; and (b) one heat pipe with plain finned
heat sink assembly.

The forced convective heat transfer coefficient, N ub , acting upon the fins may
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be expressed as [68]

N ub =

1
1
r
+
ReL P r 3
3.65 3
0.644Re0.5 P r0.33 1 + √
2
ReL

(5.21)

The Prandtl number, Pr, can be calculated as
µcp,A
kA

Pr =

(5.22)

where cp,A denotes the specific heat of air.
The Reynolds number, used in Eq. (21), becomes

ReL =

2
ρa va Sop
µLf

(5.23)

where vA is the air flow velocity. The forced convection coefficient, hf o , can be
calculated by

hf o =

N u b Kf
Sop

(5.24)

The heat dissipation from the heat exchanger, qo , to the ambient surroundings
is governed by the convection heat transfer equation which can be expressed as

qo = hAhs (T∞ − Ths )

(5.25)

where h can be either the free or forced convective coefficient depending upon the fan
operation cycle, and T∞ corresponds to the ambient temperature. The corresponding
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convective thermal resistance for the heat sink, Rhs , may be stated as

Rhs =

5.4.4

1
hAhs

(5.26)

Conventional Cooling System
Hybrid ground vehicles typically utilize conventional liquid cooling systems

to dissipate the generated heat to the ambient surroundings. A standard cooling
system consists of a water pump, radiator, and a thermostat. Models for liquid
cooling systems are typically composed of heat load-to-coolant heat exchanger (e.g.,
water jackets) and coolant-to-ambient surroundings heat rejection pathways (e.g.,
radiators). Electric motor cooling systems typically provide cooling passages around
the periphery of the stator windings designed for heat dissipation through the coolant
(e.g., water ethylene glycol, oil) circulation. There is a thermostat which regulates the
heat exchange between the heat source/radiator/ambient and the coolant to maintain
the heat load within a specified temperature range.
The designed cradle structure features a helically coiled tube supplied around
the periphery of the emulated electric motor housing. This provides a convective heat
transfer interface between the cradle outer surface area and the coolant. The exterior
of the apparatus is assumed to be well insulated so that the dissipated heat is transferred to the coolant. The local convective heat transfer of spring coil heat exchangers
depends on their configurations. The peripherally averaged Nusselt number, N uD ,
for constant wall temperature boundary condition is expressed as [69]
3
 ReD ( D )1/2 3/2

4.434
C
N uD =
3.66 +
+ 1.153
a
b
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(5.27)



 927( C ) 
0.477
D
and b = 1 +
while D and C are constants evaluated
where a = 1 +
Re2D P r
Pr
based on the spring coil heat exchanger dimensions.
The averaged convective heat transfer coefficient, h, may be calculated as

h = N uD

ke
de

(5.28)

The convective thermal resistance, Re , due to the heat transfer occurred between the coolant and the cradle may be stated as

Re =

1
hAe

(5.29)

where Ae is the coil thermal contact surface area.
The system dissipates the absorbed thermal energy to the ambient surroundings through a single pass flow radiator with the fan assembly. The radiator performance may be characterized with the inlet and outlet fluid temperatures, effective
heat transfer surface area, and the overall heat transfer coefficient. Calculation of the
overall heat transfer coefficient for heat exchangers is not straight forward. However,
it can be estimated through experimental temperature measurements for a selected
radiator. The heat transfer between the heat exchanger structure and the surroundings is assumed to be negligible so that the overall heat transfer between the hot and
cold fluid is conserved so that

qc = qA

(5.30)

where qc represent the amount of the heat released by the coolant throughout the
radiator. The heat dissipated to the ambient surroundings due to the air motion, qA ,
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induced by the fan assembly, becomes

qA = mA Acp,A (TAi − TAo )

(5.31)

where TAi and TAo are the air temperatures at the inlet and outlet of the heat exchanger while cp,A represents the specific heat of air. They can be simply measured
using two thermocouples at the air intake and air outtake of the radiator. The term
mA represent the air flow rate which may be calculated

mA = ρA vA AA

(5.32)

where ρA , vA , and AA represent the density, velocity and the heat transfer surface
area, respectively. The air velocity, va ir, can be measured experimentally using an
anemometer in the laboratory.
The amount of the heat released through the coolant due to the fluid flow
within the radiator may be evaluated as

qc = mc cp,c (Tci − Tco )

(5.33)

where mc is the coolant flow rate induced by the water pump, cp,c represents the
coolant specific heat, and Tci plus Tco denote the coolant temperatures at the inlet
and outlet of the radiator. The coolant flow rate, and the temperatures are obtained
through experimental testing measurements using a flow meter. The radiator convective thermal resistance, Rr , may be estimated as

Rr =

1
mc cp,c

(5.34)

A summary of the parameters used in the numerical simulation, MATLAB/Simulink,
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is presented in Table 5.1.
Symbol
AA
Acr
Ae
Af
Ahs
cρ,A
cρ,c
de
dpi
dp o
dwi
dwo
g
h
kA
kc r
ke
kf
kp
kw
Lc

Value

Unit

Symbol

7e-2
m2
6.3e-2
m2
4.7e-2
m2
2.5e-2
m2
0.43
m2
1000
J/kg.K
4200
J/kg.K
1e-2
m
3e-3
m
4.5e-3
m
4.5e-3
m
6e-3
m
9.81
m/s2
15
W/m2 K
2.6e-2 W/mK
205
W/mK
400
W/mK
205
W/mK
200.3 W/mK
400
W/mK
6.5e-2
m

LCr
Le
Lf
Lp
Lw
m˙A
ṁc
mcr
ms
n
Rpc
Rpe
Rwc
Rwe
Sop
To
Tref
T∞
vA
ρA
β

Value

Unit

0.01
m
0.135
m
4e-4
m
7.5e-4
m
7.5e-4
m
4.6
m/s
1.1
m/s
2.05
kg
4.8
kg
17
6.11e-3 K/W
2.94e-3 K/W
1.53e-3 K/W
◦
7.37e-4
C
4e-3
m
◦
24
C
◦
60
C
◦
22
C
5
m/s
1.225 kg/m3
3.4e-3
k −1

Table 5.1: Summary of the model parameters used in the numerical simulation.

5.5

Experimental System
The hybrid cooling system numerical findings are validated through a complete

set of bench top scale thermal testing in the laboratory. The components required
to set up the hybrid cooling system are manufactured with the same dimensions and
specifications as designed and simulated in the mathematical model. The cooling
system is interfaced with an emulated electric motor which add the desired heat
to the system. Integration of the emulated electric motor simplifies the regulation
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of the heat generation in laboratory. The emulated electric motor is a cylindrical
aluminum block which is 0.1m in diameter and 0.16m in length. Six cartridge heaters
are embedded in a radial pattern, equally spaced, within the block for uniformed heat
distribution. Figure 5.9(a) illustrates the schematic of the aluminum block with the
heaters installed.
The emulated electric motor is interfaced with the cooling system through the
cradle structure. The manufactured cradle is shown in Figure 4.9(b). The cradle is an
aluminum hollow cylinder that accommodates the e-motor structure. The microscopic
gap between the electric motor and the cradle structures is filled up with thermal
paste for improved thermal contact. Twenty holes, equally spaced, are then machined
within the cradle wall that provides room for heat pipe placements. 0.15m of the heat
pipes are inserted within the cradle wall while the remaining is left out to serve as the
condenser. The active cooling system is then supplied to the cradle structure through
a thin-wall copper tubing attached to the lateral surface.

(a)

(b)

(c)

Figure 5.9: Experimental test bench components – (a) Emulated electric motor with
six heater cartridges, (b) cooling system structure, and (c) graphical display of data
acquisition screen.

Passive is the primary heat rejection pathway in the system. The heat is
carried out of the cradle through the heat pipes. A finned structure heat sink is then
attached to condenser section of the heat pipes for extended heat transfer surface
area. The heat sink features a centrifugal fan for enhanced heat dissipation to the
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ambient surroundings. Ram air intake is supplied to the system through a threephase variable speed AC blower located near the heat sink. The excess heat is then
dissipated to the ambient surroundings through the computer controlled liquid cooling
system. The water pump and radiator fan operating cycles are regulated based on the
emulated electric motor temperature readings PID algorithm. The signals, including
temperatures and current measurements, are recorded on a computer through a data
acquisition system and analyzed on National Instrument Lab-View using NI-6211
data acquisition system as shown in Figure 5.9(c).
The performance of the proposed hybrid cooling system is investigated for
different heat loads between 90VA to 750VA heat. The thermal response of the
cooling system is studied through different experimental test configurations. The
corresponding test matrix is summarized in Table 5.2. First, the thermal performance
of each individual cooling system is investigated for different load profiles. Next, the
complete hybrid system efficiency is explored for various thermal loading scenarios.

5.6

Numerical and Experimental Results
A complete electric motor hybrid cooling system, including passive and active

cooling strategies, is designed and numerically modeled. The cooling system thermal
performance is then validated through a set of bench top scale thermal testing on an
emulated electric motor. The generated heat is transported from the motor through
the cradle that routes it towards the hybrid cooling system. The passive cooling is
the primary heat rejection pathway which is composed of multiple capillary forced
heat pipes incorporated within the cradle structure. The pipes transfer the generated
heat to the heat sink where the heat is dissipated to the ambient surroundings. For
large heat dissipation demands, a computer controlled conventional liquid cooling
119

system is supplied to the electric motor through a helically coiled tube attached
around the periphery of the cradle. When properly designed, the cooling system
must regulate the electric motor operating temperature between 50◦ C to 60◦ C. The
ambient temperature is T∞ =22◦ C with a maximum motor operating temperature of
Tmax =60◦ C.
The thermal response of the emulated electric motor subjected to steady state
heat input is initially investigated with no cooling supplied. Figure 5.10 displays the
thermal response of the motor subject to 160VA heat. The motor temperature exceeds
185◦ C after 4 hours with time constant of 54 minutes. Next, the aluminum housing
is placed within the cradle structure and the temperature response of the emulated
electric motor is recorded to determine the combined transient thermal response. As
expected, slower heat and lower temperatures were observed due to the increased
thermal capacitance and outer surface area of the complete assembly.

Figure 5.10: Test #0 (baseline) - Temperature response of emulated 160VA electric
motor; time constants of 54 minutes and 48 minutes for the e-motor and electric
motor plus cradle.

The heat pipe-based system is then applied to the emulated motor. The heat
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Figure 5.11: Test #2 – Experimental and numerical temperature responses of the
system with emulated electric motor interfaced to heat pipe forced convection.

can be transported to the finned structure sink through twenty heat pipes embedded
within the cradle. Figure 5.11 shows the experimental and numerical temperature
response of the emulated motor, thermal bus, and heat sink subjected to 160VA heat
while only the forced air convective cooling strategy is supplied. The experimental and
numerical results show that passive cooling system could cool down the electric motor
temperature down to 59 where the electric motor operating condition is secured. The
load’s temperature should never violate the prescribed operating temperature limits
which is set to Tref .
To maintain the temperature during high heat generating instances, the conventional liquid cooling system is coupled with the heat pipe cooling method. A
classical controller is employed to minimize the water pump and radiator fan operating cycles. The operating cycles is regulated with respect to the e-motor’s operating
temperature to avoid over-cooling or overheating. The controller is programmed so
that the conventional liquid cooling is actuated once the e-motor reaches to Tref .
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Figure 5.12: Test #5 - Thermal response of emulated motor interfaced with heat
pipe forced convection and liquid convective cooling system subject to 500VA heat
continuously applied.

Once the temperature reaches to Tref , the excessive heat is dissipated through
the coolant circulation between the evaporator and radiator until the e-motor cools
down to Tref -10◦ C. This is a continues cycle as long as an excessive heat is added
to the cooling system. This strategy will secure the electric operating conditions
with minimum energy consumption required for running the water pump and fan.
Figure 5.12 displays the numerical and experimental temperature responses of the
electric motor subject to 500VA heat (Test #5). The heat is initially removed through
the passive cooling strategy until the electric motor temperature reaches to Tref at
t=13.2 (min). This is the point where the conventional liquid cooling system kicks
in and reduce the temperature down to Tref -10◦ C at t= 13.8 (min). The numerical
model developed in Section 3 for the electric motor hybrid cooling is also validated
through bench top testing. As shown in Figure 5.12, the numerical and experimental
results differ by approximately 5% but have the same trends throughout the transient
response as demonstrated by the close tracking. Consequently, the mathematical
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model can serve as an engineering design tool for cooling system configuration and
component sizing studies.

Figure 5.13: Test Nos. 3 and 5 - Cooling system power consumption associated with
the 250VA (dashed line) and 500VA (solid line) applied thermal loads.

Figure 5.13 displays the electric motor cooling system power consumption
subject to 250VA and 500VA continuous heat inputs as function of time. These
results illustrate that the conventional liquid cooling system operates more frequently
to maintain the motor temperature within the allowed rating temperature as the heat
input to the cooling system grows. However, the discrete operating cycle for the pump
and fan actuators should be observed which is due to the presence of the parallel heat
pipe cooling pathway.
The power consumption by the cooling system’s actuators is listed in Table 5.2.
Figure 5.14 displays the relationship between heat pipe thermal transport capabilities
and the system energy consumption. The free and forced convective based heat
pipe solution consumes minimal energy but remains limited to the 160VA for the
laboratory experiment. However, the hybrid cooling architecture scales readily to
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Table 5.2: Experimental test matrix to explore thermal response of cooling system
methods

accommodate larger heat loads with cyclical operation of the pump and fan. In Table
5.2, the time constants for the free and forced convection of air and liquid are listed
to provide insight into the overall transients.

Figure 5.14: Hybrid cooling system energy consumption as a function of thermal heat
load which indicates design opportunity for sizing heat pipes.

The heat pipe cooling system thermal pathway effectiveness may be further
investigated through experimental heat flux measurements. A heat flux measurement
technique, using heat flux sensors, signal amplifiers, and a data acquisition system,
has been previously applied to thermal fluid systems [70]. To evaluate the heat pipe
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thermal capabilities, heat flux sensors are carefully placed between the cradle outer
surface area and the copper tubing. As discussed, the emitted heat could exit the
cradle structure through the heat pipes and/or the coolant. In the laboratory, the
heat pipes are first removed so that the heat only leaves the cradle towards the
copper tubing. This allows the total amount of heat transferred to the copper coils
to be estimated. Second, the passive cooling structure, including the heat pipes,
fins, and the fan assembly, is added to the cradle. Now, the heat may be shared
between the heat pipe pathways where the heat is moved towards the heat sink and
the copper coil. The heat flux measurement is then repeated at the same location.
The experiment yields the heat flux difference between these two configurations and
offers insight into the thermal transport process. Figure 5.15 displays the heat flux
removed through the pipe cooling system subject to a 90VA heat load. The heat
pipes remove approximately 50% of the heat flux while the remainder moves towards
the coolant pathway. The heat flux magnitude measured with 160VA thermal load
applied is reported in Table 5.2.

5.7

Conclusion
Military ground vehicle propulsion systems require a flexible thermal manage-

ment option to accommodate aggressive operating cycles, harsh ambient conditions,
and demanding designs. A novel hybrid cooling system, featuring passive and active
cooling system strategies, has been proposed to optimize cooling system energy consumption. The passive cooling system consists of multiple capillary forced heat pipes
which reject the heat to the ambient environment through an attached finned structure heat sink. A supplementary computer- controlled conventional liquid cooling system is then supplied to the electric motor for excessive heat dissipation demands. This
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Figure 5.15: Heat flux measurements conducted on cradle outer surface area with
heat pipes on (red line) and heat pipes removed (blue line): difference illustrates the
amount of the flux removed by heat pipes subject to a 90VA applied load.

hybrid system is numerically modeled using a lumped parameter approach across the
multiple thermal pathways. The developed mathematical model is validated through
bench top experimental testing for several heat inputs and configurations. The results
indicate that the cooling system can maintain electric motor temperatures within the
target limit with reduced cooling systems actuator operation. The proposed hybrid
cooling system could save up to 33% of the energy consumption while 250VA thermal
load is applied. Future work includes refining the thermal management model, optimizing system parameters, and integrating real-time supervisory control algorithm
for further minimized energy consumption.
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Chapter 6
Multi-Objective Design
Optimization of an Electric Motor
Thermal Management System for
Autonomous Vehicles
6.1

Abstract
The integration of electric motors into ground vehicle propulsion systems re-

quires the effective removal of heat from the motor shell. As the torque demand
varies based on operating cycles, the generated heat from the motor windings and
stator slots must be rejected to the surroundings to ensure electric machine reliability.
In this paper, an electric motor cooling system design will be optimized for a light
duty autonomous vehicle. The design variables include the motor cradle volume, the
number of heat pipes, the coolant reservoir dimensions, and the heat exchanger size
while the cost function represents the system weight, overall size, and performance.
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The imposed requirements include the required heat transfer per operating cycle (6,
9, 12kW) and vehicle size, component durability requirement, and material selection.
The application of a nonlinear optimization package enabled the cooling system design to be optimized. Through numerical studies, a 50% reduced overall mass could
be achieved for a 12kW heat generating scenario while the operating conditions are
secured. These findings establish a design tool for multiple pathway cooling systems
in electric motor propelled vehicles.

6.2

Introduction
Automobile industries, aerospace manufacturers, and robotic companies are

moving fast towards electrification to achieve improved sustainability, reduce carbon
emissions, and lower maintenance cost. On top of these, the United States currently
requires importing an enormous amount of crude oil from unstable regions to satisfy domestic needs, which is a potential threat to the U.S national security. One
sustainable solution is to replace traditional internal combustion engines with highefficiency electric motors with battery packs to propel vehicles, from small robots to
large trucks [71].
The integration of electric drive platforms offers higher power density, improved durability, enhanced fuel efficiency, and extended mission range while providing a quiet sentry mode of operation. In some instances, there is still a need for a
hybrid powertrain system which includes a diesel engine besides an electric propulsion
system to handle heavy-duty cycles. Besides these advantages, an advanced electric
propulsion system could enable autonomy for the next generation of combat vehicles.
This paradigm shift in military mobility requires an advanced thermal management
system which can maintain the heat-generating components within their prescribed
128

operating temperature ranges while minimizing cooling system power consumption,
overall size, and weight.
Current vehicles widely use liquid cooling systems for heat removal purposes.
The traditional cooling methods contain several mechanical and electrical components, including water pumps, radiators, thermostats, fans, etc. Besides these components, a coolant is circulating between the radiator and the heat-generating devices to regulate the operating temperatures. Conventional liquid systems are wellestablished; however, these components’ sizes are typically over-estimated to ensure
the heat loads operating conditions during peak load operations [72]. An oversized
cooling system may occupy immoderate space under the hood, leading to an unnecessary weight addition to the vehicle. This means a lot of energy consumption which
may be saved to extend the electric range via electrification of targeted subcomponents.
Conduction and free convection heat transfer modes may be used to dissipate
the heat with no external power. The passive heat transfer used to be enhanced by
extending the heat transfer surface area or using high thermal conductivity materials. However, there is always a space limitation that restricts the heat transfer surface
area. In recent developments, the integration passive methods (e.g., heat pipes, thermosyphons, phase change materials. etc.) has become popular for vehicle thermal
management systems [65, 73–75]. Two phase passive devices are closed systems containing a small amount of working fluid, which continuously circulates between the
evaporator and condenser sections as long as a temperature differential exists. These
heat transfer devices feature exceptional heat transfer capabilities and outstanding
structure flexibility, could offer an attractive, lightweight thermal management solution for vehicle applications [36, 76]. Passive devices’ structure can be optimized
with respect to the vehicle design configuration to maximize the performance while
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minimizing the overall system size and weight [77].
Passive methods are typically applicable to energy systems where the heat
generation is low to moderate. Therefore, a supplemental liquid cooling solution may
be incorporated besides a passive cooling system to efficiently handle low, medium
and high heat rejection loads. This strategy is known as ”hybrid cooling” [60]. The
integration of a hybrid cooling strategy for electric vehicle applications has been
investigated in several numerical and experimental studies [59, 64, 78]. An advanced
hybrid cooling system may integrate passive heat rejection pathways in parallel with
a computer-controlled liquid cooling system. In this method, passive is the primary
mode of heat transfer, while the fluid cooling system enables on-demand cooling
for high heat generating instances. The computer-controlled liquid cooling system’s
energy consumption has been reduced with the regulation of actuator’s operating
time using non-linear control algorithms [57, 79].
The results demonstrate that hybrid cooling solutions could effectively impact
the cooling system’s energy consumption for different driving scenarios. However,
these studies did not investigate the optimization of the cooling design parameters
on the power usage and the total weight. Further improvement in autonomous vehicle cooling system energy efficiency, design configuration, and system weight may be
achieved with optimization of the cooling system design parameters for a low-duty
to heavy-duty application [80, 81]. This study aims to optimize a hybrid cooling system structural design using a nonlinear optimization approach. The design variables
include the electric motor cradle dimensions, thermal bus size, and heat exchanger
effective surface area. The cost function is comprised of the system weight, size, and
performance while the required amount of heat transfer capabilities and space limitations serve as constraints. The optimized solution will satisfy the power demands
and reduce the vehicle’s costs due to fuel consumption and maintenance issues.
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The remainder of this paper is organized as follows. Section 6.2 presents the
hybrid cooling system architecture, including a “cradle,” a “thermal bus,” and heat
exchangers. The design parameters are described in Section 6.3 where the optimization problem is formulated. Section 6.4 includes a discussion and numerical results.
Finally, conclusions are presented in Section 6.5.

6.3

Hybrid Cooling System Strategies
An advanced autonomous vehicle carries several heat-generating electrical and

electromechanical components, including electric motors, battery packs, and on-board
electronics (refer to Fig. 6.1). The electric motor is generally recognized as the primary heat-generating component within the electric propulsion system. A significant
amount of heat is produced due to the electrical and mechanical losses. The heat loss
may be estimated with respect to the electric motor efficiency, instantaneous speed,
and applied torque. This means that the electric motor heat generation rate basically
depends on the road profile, driving scenario, and operating condition. To ensure an
efficient electric motor operation, the excessive heat must be removed appropriately
to maintain the temperature within a certain operating temperature range during
the normal operation for reliable performance and enhanced durability. Conventional
electric motors typically use a fan to blow air across a shell or a traditional liquid
cooling system that circulates the coolant around the stator. The traditional methods generally require significant pump and fan operations, which increase the cooling
system power consumption and noise generation.
In recent developments, the efficiency of electric motors has considerably improved. This means that the electric motor heat generation rate may be low to
moderate in most instances, such as constant speed or idle mode of operating. How131

Figure 6.1: Autonomous military ground vehicle platform - A four wheeled chassis
featuring in-hub electric propulsion with hybrid thermal management system.

ever, a relatively large amount of heat may be produced if a large amount of torque
or sudden acceleration is required. A properly designed cooling system must offer
different cooling modes, including passive and smart active solutions, to regulate the
electric motor’s temperature during the low, moderate, and high heat rejection needs
with minimum power consumption while its structure occupies minimal space and
adds minimum weight to the vehicle. Figure 6.2 demonstrates the hybrid cooling
strategy that may apply to an in-hub electric motor.
Regardless of the electric motor power rating, size, and configuration, the
electric motor cooling system must be thermally interfaced with the electric motor
shell and/or the stator windings to collect the heat effectively. The integration of
the hybrid cooling system requires an innovative thermal interface “cradle” that can
effectively share the passive and active cooling systems. The heat moves to a flexible
thermal bus which carries the heat to a remote heat exchanger. The hybrid thermal
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Figure 6.2: Hybrid cooling system configuration for a small size autonomous vehicle
featuring in-hub electric motors.

bus incorporates a passive cooling pathway beside a complete computer-controlled
liquid cooling system offering on-demand cooling. The smart liquid cooling system
may contain a variable speed water pump with a controller programmed to regulate
the operation with respect to the heat rejection demands.
Sometimes the heat needs to travel through very restricted pathways to reach
the ambient surroundings. For instance, military ground vehicles sometimes restrict
the ram air from flowing into the hood due to the vehicle’s unique configuration and
extraordinary operating conditions. This could be even more challenging if minimization of the thermal signature is required. Therefore, the thermal bus structure must
be compact and flexible to carry the heat towards any direction with minimum sensitivity to gravity. The heat eventually dissipates to the ambient surroundings through
the radiator(s). The cooling system may integrate a single radiator for the passive
and active cooling systems or an induvial radiator for each cooling mode. This de133

pends on the required heat transfer capabilities and space limitations. The operation
of the fan(s) may be regulated to reach further minimization in power consumption.
Figure 6.3 graphically illustrates the hybrid cooling system prototype designed for
in-hub electric motors.

Figure 6.3: Hybrid electric motor cradle architecture for the hybrid cooling system.

6.4

Mathematical Model of Cooling System
The proposed hybrid cooling system incorporates a gravity aided two-phase

closed-loop thermosyphon system for passive heat rejection. The thermosyphon is a
sealed (under vacuum) closed loop system that effectively transfers heat between the
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Figure 6.4: Thermal nodal network corresponding the hybrid cooling system featuring
passive and active cooling methods.

evaporator and the heat exchanger. The heat initially vaporizes the working fluid
through the evaporator. The vaporized working fluid travels the vapor line using
the pressure created due to the temperature difference between the evaporator and
condenser. The vapor releases the latent heat and turns back to the liquid phase in
the condenser. The liquid is then moved back to the evaporator through the liquid
line using gravity. To ensure the liquid return, the condenser must be placed slightly
above the evaporator. This closed loop system offers exceptional effective thermal
conductivity due to continuous evaporation-condensation during the heat transfer
process within the system. The weight addition associated with the integration the
two-phase passive device is minimal as it requires a relatively small amount of working
fluid to operate.
This study implements a lumped parameter approach to model the cooling
system mathematically. This model contains several thermal resistances representing the thermal behavior of the cradle, the thermal bus, and the heat exchangers.
Figure 6.4 displays the thermal nodal network corresponding to the hybrid cooling
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system. The model is used to set up the optimization problem and define the design
parameters. The design parameters are discussed in the following subsections.

6.4.1

Cradle
The electric motor thermally interfaces with the cooling system with a thermal

structure called “cradle.” Figure 6.5 schematically illustrates a cradle design in the
electric motor enclosed within a hollow cylinder with an endcap. The effective thermal
conductivity of the cradle structure is enhanced with the integration of capillary heat
pipes. Note the configuration of the heat pipes embedded within the cradle wall. The
purpose of the heat pipes is to significantly increase the heat transfer to the endcap.
The endcap structure features a built-in fluid passage which serves as an evaporator
for the thermosyphon. The liquid cooling is supplied to the cradle through a copper
pipe coiled around the cradle structure’s external surface. This component is referred
to as a “water-jacket.” The contact thermal resistance between the components can
be minimized once thermal paste is applied.
The cradle design parameters include the wall thickness, the number of heat
pipes, the thermosyphon evaporator size, and the water jacket volume. The thermal
contact resistance between the components is assumed to be negligible in this study.
Figure 6.6 illustrates the 1-D thermal model representing the complete cradle thermal
behavior.
The electric motor heat loss, Q̇loss , represents the overall heat loss due to the
current circulation, Q̇ind , bearing motions , Q̇f r , and heat from outside world, Q̇o
while it may be expressed as

Q̇loss = Q̇ind + Q̇f r + Q̇o
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(6.1)

Figure 6.5: Cylindrical cradle structure with embedded capillary heat pipes in the
wall and water jacket on the lateral surface.

Figure 6.6: 1D representative thermal nodal network for the cradle structure.
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The heat initially moves in radial and axial directions towards the cylindrical
cradle and the endcap.
The governing thermal equation for electric motor surface temperature, Tem ,
becomes

Cem

Tem − Tcap Tem − Tint
Tem
= Q̇loss −
−
dt
RAL
RCR

(6.2)

where Cem is the heat capacity of the electric motor. The terms Tcap and Tint represent the endcap and cradle temperatures, respectively. The axial thermal resistance
towards the endcap, RAL , may be expressed as

RAL =

LAL
kAL AAL

(6.3)

where LAL , AAL , and kAL denote the endcap effective length, heat transfer surface
area, and thermal conductivity, respectively. Similarly, the heat flow in the radial
direction is modeled using a thermal resistance, RCR , determined as

RCR =

ln rrint
em
2πLCR kCR

(6.4)

where the termsrem , LCR , and kCR represent the cradle inner radius, length, and
thermal conductivity, respectively. The radial distance between the heat pipes and
the center-line, rint , and may be calculated as

rint =

rem + rpo
2

(6.5)

where rpo denotes the circular cradle outer radius. The centerline is defined at the
center of the electric motor as shown in Fig. 6.6. From the Tint node the heat
can move further in the radial direction towards the coil via conduction and in the
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axial direction towards the endcap using the capillary heat pipes. The interior cradle
temperature, Tint , may be expressed as

Cint

Tem − Tint Tint − Tcap Tint − Twall
Tint
=
−
−
dt
RCR
RHP
Rwall

(6.6)

where Cint is the cylindrical cradle heat capacity and Twall denotes the cradle exterior
surface temperature. The symbol Rwall denotes the conductive thermal resistance in
the axial direction and may be written as
po
ln rrint

RCR =

2πLCR kCR

(6.7)

where LCR is the cradle length. The thermal resistance of capillary heat pipes, RHP ,
is well-established [82] and is expressed as

RHP =

Rs Rf g
Rs + Rf g

(6.8)

where Rs denotes the thermal resistance of the heat pipe shell and Rf g represents
the thermal response of the phase change thermal resistance. The term, Rs , may be
estimated with respect to the heat pipe configuration as

Rs =

Lef f
ks As

(6.9)

where Lef f , As , and ks denote the heat pipe length, shell heat transfer surface area
in the axial direction, and shell thermal conductivity, respectively. The diameter and
the length of the heat pipes are denoted by Dhp and Lh . The thermal resistance due
to the working fluid circulation within the heat pipe,Rf g , may be written as

Rf g = Rwe + Rpe + Rwc + Rpc
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(6.10)

where the terms Rwe , Rpe , Rwc , and Rpc represent the thermal resistances of the walls
and the wicks at the evaporator and condenser sections.
The endcap temperature, Tcap , may be determined from the heat transfers
between the electric motor-endcap and cylindrical cradle-endcap and endcap-working
fluid, so

Ccap

Tem − Tcap Tint − Tcap Tcap − Twf,E
dTcap
=
+
−
dt
RAL
RHP
Rcap

(6.11)

where Ccap and Rcap are the endcap heat capacity and thermal resistance, respectively.
The term, Twf,E , denotes the thermosiphon’s evaporator temperature. The convective
heat transfer between the endcap and the working fluid within the reservoir may be
modeled as a convective thermal resistance, Rcap , so that

Rcap =

tcap
kcap Ae

(6.12)

where Ae is the effective heat transfer surface area between the cap and the thermosyphon’s evaporator. The terms, tcap and kcap , denote the thermosyphon evaporator wall thickness and the evaporator thermal conductivity, respectively. The effective
heat transfer surface area and may be written as

Ae = 2πrpa Lpa

(6.13)

where rpa and Lpa represent the radius and the length of the built-in passage for
the working fluid circulation in the endcap. The working fluid, in this case acetone,
collects the heat and passively circulates between the evaporator and condenser using
the gravity force.
The working fluid mass flow rate may be calculated using the energy balance at
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the evaporator. Assuming that the evaporator always contains liquid and vapor and
the vapor temperature variation within the evaporator and vapor line is negligible, the
heat transfers to the liquid-vapor line within the evaporator and the energy balance
becomes
Tem − Tcap Tint − Tcap
+
= ṁw lv + ṁw cp,w (Twf,E − Twf,R )
RAL
RHP

(6.14)

where lv is the specific heat of vaporization, cp,w is the working fluid specific heat, and
the working fluid’s temperature at the heat exchanger is denoted by Twf,R . Equation
(6.14) may be simplified and the working fluid mass flow rate, ṁw , may be expressed
as

ṁw =

Tem −Tcap
RAL

+

Tint −Tcap
RHP

cp,w (Twf,E − Twf,R ) + lf

(6.15)

Improved heat transfer capabilities and reduced weight reduction may be
achieved by embedding capillary heat pipes within the cradle. Therefore, the cradle contains a number of heat pipes that fit within the wall, N , as

N=

2πrint
Dhp + s

(6.16)

where the term s represents the minimum spacing that must exist between each heat
pipe due to the manufacturing limitations.

6.4.2

Thermal Bus
The thermal bus structure includes the vapor and liquid lines carrying the

working fluid in the thermosyphon and the pipes for coolant circulation for the active
cooling method. The evaporator temperature, Twf,E , may be determined by the heat
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transfer between the endcap and the condenser so that

CT S,E

dT wf,E
Tcap − Twf,E
Twf,E − Twf,R
=
−
dt
Rcap
RT S

(6.17)

where CT S,E is the heat capacity of the evaporator. The thermal resistance between
the evaporator and condenser due to the working fluid circulation, RT S , may be
written as

RT S =

1
ṁw cv

(6.18)

where cv is the heat capacity of the acetone in the vapor phase.
The excess heat may be removed through the active cooling system. The
conventional liquid system provides a constant coolant flowrate to move the heat
between the water-jacket and the radiator. The temperature of the cradle wall,Twall ,
becomes

Cwall

Tint − Twall Twall − Tf l,E
dT wall
=
−
dt
Rwall
Rcoil

(6.19)

where the Cwall denotes the heat capacity of cradle wall and the term Rcoil represents
the coil thermal resistance.
Similarly, the temperature of the coolant within the water jacket, Tf l,E , may
be written as

CLQ,E

dT f l,E
Twall − Tf l,E
Tf l,E − Tf l,R
=
−
dt
Rcoil
RLQ

(6.20)

where CLQ,E is the heat capacity of water jacket and the coolant inside. The symbol
Tf l,R represents the temperature of coolant at the radiator. The thermal resistance
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due to the conduction heat transfer through the coil, Rcoil , may be presented as

Rcoil =

ln rrinn
po
2πLCR kcu

(6.21)

where the term rinn represents the distance between the interior coil and the centerline. The convective thermal resistance due to the operation of the liquid cooling
system, RLQ , may become

RLQ =

1
ṁLQ cf

(6.22)

where the terms ṁLQ and cf represent the coolant mass flow rate and the specific
heat capacity. The flow rate is a function of the coolant velocity, VLQ , the coolant
density, ρLQ , and the passage surface radius, rLQ , such that

ṁLQ = ρLQ πrLQ 2 VLQ

6.4.3

(6.23)

Heat Exchangers
The transmitted heat is eventually dissipated to the ambient surroundings

through the passive heat exchanger and a compact radiator with a fan assembly. The
working fluid temperature at the passive heat exchanger, Twf,R , may be expressed as

CT S,R

dT wf,R
Twf,E − Twf,R Twf,R − T∞
=
−
dt
RT S
Rhx

(6.24)

where CT S,R is the heat capacity of the heat exchanger. The term Rhx represents the
thermal resistance of the passive heat exchanger and it may be written as

Rhx =

1
ηT S ṁhx cp,a
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(6.25)

where the terms ηT S and cp,a denote the efficiency of the thermosyphon heat exchanger
and the air specific heat capacity. The air mass flow rate, ṁhx , may be expressed as

ṁhx = ρa Lhx Whx Vram

(6.26)

where ρa and Vram represent the air density and the velocity of the ambient air hitting
the heat exchanger due to ram air effect and/or the fan operation. The length and
width of the heat exchangers are denoted by the terms Lhx and Whx . On the liquid
side, the coolant temperature at the radiator, Tf l,R , may be derived with respect to
the ambient temperature, T∞ , such that

CLQ,R

Tf l,E − Tf l,R Tf l,R − T∞
dT f l,R
=
−
dt
RLQ
Rr

(6.27)

where CLQ,R is the heat capacity of the radiator of the liquid system. Lastly, the
thermal resistance of the radiator, Rr , may be determined as

Rr =

1
ηr ṁr cp,a

(6.28)

where ηr is the efficiency of the radiator and it is estimated experimentally. The air
mass rate running through the radiator structure, ṁr , may be calculated as

ṁr = ρa Lr Wr Vr

(6.29)

where the symbols Lr and Wr are the radiator length and width, while Vr is the air
velocity through the radiator.
The overall thermal resistance of the cooling system, RT , may be expressed as

RT =

Tem − T∞
Q̇loss
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(6.30)

6.5

Optimization Problem
The nonlinear hybrid cooling optimization problem, solved using the MATLAB

Fmincon package, enables the design for light weight combat vehicles. The system
design vector x∗ = (tcap , rLQ , rpa , rpo , Whx , Wr ) includes the thermosyphon evaporator
wall thickness, liquid cooling system pipe radius, passive system pipe radius, cradle
outer radius, and the heat exchanger and radiator widths. Given this design vector,
the optimization problem can be stated as

minJ(x∗ )

(6.31)

subject to G(x∗ , U ) and H(x∗ , U )

(6.32)

where J(x∗ ) denotes the cost function to be minimized. The terms G(x∗ , U ) and
H(x∗ , U ) represent nonlinear equality and inequality constraints with U denoting the
input heat.
In this study, the cost function considers the mass of the cooling system components such that

MT = Mcr + Mtb + Mhx + Mr

(6.33)

where Mcr is the cradle mass, Mtb denotes the thermal bus mass and Mhx and Mr
represent the heat exchanger and radiator masses. Expanding these respective terms
and substituting into Eq. (7.31) results in
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2
2
J(x∗ ) = ρAL [πLCR (rpo
−rpi
)−(N Lh

2
πDhp
2
)]+ρAL [πrpo
(LAL +2(tcap ))]+ρcu [2πrLQ Lcoil (rinn −
4

rpo ] + ρAL [(Hhx Lhx Whx + Hr Lr Wr )] + ρLQ [πrLQ 2 LLQ + Hr Lr Wr ] + ρac [πrLQ 2 Lac ](6.34)
where ρLQ is the coolant density, LLQ denotes the total length of the liquid system
tube filled with the coolant, and Lac is the length of the thermosyphon liquid return
containing the working fluid.
The single imposed nonlinear constraint becomes

H(x∗ ), U ) = ∆T − RT Q̇loss

(6.35)

where∆T is the maximum allowed temperature difference between the electric motor
and the ambient surroundings. In this study, Q̇loss is assigned to be U .
The optimization problem calls the cooling system simulation, Eqs. 7.11 – 7.30,
to calculate the electric motor thermal response for the applied heat loads based on the
design vector values introduced in the minimization process. The system parameter
values are summarized in Table 6.1.

6.6

Numerical Results and Discussion
The proposed electric motor cooling system is designed and simulated for three

heat rejection rates: 6kW, 9kW, and 12kW. These heat generation rates correspond
to a 85% efficient electric motor shaft loads of 40kW, 60kW, and 80kW. The six
design parameters, initial conditions, and lower plus upper bounds are summarized
Table 6.2. The lower bound of the cradle wall’s thickness is set to accommodate the
heat pipes internally while the rigidity of the structure is secured.
The thermal response of the baseline cooling system subject to 12kW heat input is shown in Fig. 6.8(a) which includes the dynamic responses of the electric motor,
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Table 6.1: Summary of model parameters with values

endcap, cradle, water-jacket, heat exchanger, and radiator. The results demonstrate
that the electric motor’s operating temperature increases exponentially and violates
the allowed operating temperature range with the initial conditions. The total mass
of the corresponding cooling system is approximately 52kg.
The specifications of the UQM power phase 145 are used in the numerical
simulation [83]. This electric motor must be maintained at 65◦ C during steady state
operation to avoid overheating. The initial cooling system components and the ambient temperatures are 25◦ C. Accordingly, the difference between the ambient tem147

Table 6.2: Initial values of the design parameters with their lower and upper bounds

perature and the electric motor peak temperature, ∆T , should never exceed 40◦ C.
The initial conditions correspond to the sizes of the baseline cooling system, shown in
Fig. 6.7, built for experimental testing and mathematical model validation purposes
in the laboratory.

Figure 6.7: Bench top experimental setup - Complete electric motor cooling system
featuring active and passive heat rejection pathways.

The optimized values for three heat generation rates are summarized in Table
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6.3. It begins with the optimization of the hybrid cooling system subject to 6kW
continuous heat load. The results demonstrate that this amount of heat loss can be
securely managed, while the cooling system’s mass is reduced down to 11kg. The
optimized cooling system features a cradle structure with 6cm outer radius. The
collected heat is transferred to a 20cm x 39.8cm x 2cm radiator via forced convection
through a 1.01cm radius tube. On the passive side, the evaporator wall thickness is
2mm. The heat passively travels a 1cm inner radius pipe to reach a 20cm x 17.5cm
x 2cm heat exchanger.

Table 6.3: Optimized design parameters for three different operating conditions; (a)
Low, 6kW; (b) Medium, 9kW; and (c) High, 12kW, and the Lagrange multipliers for
the 12kW simulation

For the 9kW heat input, a larger cooling system is required to maintain the
electric motor’s operating temperature at 65◦ C). The simulation shows the mass is
reduced down to 14.5kg which is 72% lighter than the baseline system. The optimized
length for the radiator and heat exchanger are 367mm and 134mm. A 9.6mm radius
tube provides the adequate coolant flow rate between the cradle and the radiator in
the active cooling system. Besides, the thermosyphon requires an evaporator with a
2mm wall thickness, and 9.2mm radius circular passage.
The thermal behavior of the cooling system subject to the 12kW power is
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investigated and the proper sizes of the components are found for minimal weight
addition to the vehicle. Figure 6.8(b) shows the temperature of the electric motor,
cradle, endcap, water-jacket, heat exchanger, and radiator. The simulation results
demonstrate that the optimized hybrid cooling system’s overall weight is reduced
to approximately 18kg. This means the proper selection of component sizing could
reduce approximately 50% of the cooling system’s weight, while accommodating a
continuous 12kW of heat dissipation.
The optimized system features a compact 60mm outer diameter cradle, a
200mm x 480mm x 20mm radiator, and a 20mm x 246mm x 20mm heat exchanger.
A 11.1mm radius tube provides the required coolant mass flow rate in the active
cooling system. On the passive side, the optimized evaporator passage radius size
becomes 10mm. The evaporator wall thickness remains at the lower bound, 2mm,
which creates the lowest possible thermal resistance between the electric motor and
the working fluid. Besides, the outer radius of cradle reduces to 60mm which minimizes the overall weight and thermal resistance at the same time. Note that this
radius size fits 33 capillary heat pipes inside the cradle wall.
In terms of computational costs, the array of nonlinear inequality constraints
can be converged in a couple of hours using a regular core-i7 desktop computer.
This study considers steady state types of operation while the developed mathematical model can be used to optimize the design parameters subject to several timedependent driving cycles for a higher computational cost compensation. Figure 6.9
shows the value of nonlinear inequality constraint at every iteration. The results show
that this nonlinear optimization process is completed in less that approximately 200
iterations.
The impact of each design variable on the objective function is evaluated
through a sensitivity analysis using the Lagrangian Duality method [84] for the hybrid
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(a)

(b)
Figure 6.8: Temperature response of hybrid cooling system subject to 12kW heat
continuously applied; (a) Baseline system with initial design variables; and (b) Optimized cooling system.
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cooling system subject to 12kW heating power. Lagrange multipliers, shown by the
term λi , and also known as dual multipliers or shadow prices, are indicators that
demonstrate the partial derivatives of the objective function with respect to each
constraint at the optimal solution [85, 86]. The constraints with nonzero Lagrange
are recognized as active or binding at optimality. This study quantified the influence
of design parameters, x∗ , on the objective function using Lagrange multipliers at the
lower and upper bound constraints. The Lagrange multipliers at the upper bound
constraints,λui , and the lower bound constraints, λli , are calculated for 12kW heat
input scenario using MATLAB and summarized in Table 6.3.

Figure 6.9: Nonlinear inequality constraint values at each iteration.

In this sensitivity analysis, the Lagrange multiplier’s higher absolute value
indicates the higher tendency of the objective function to violate the corresponding
constraint. Thus, it can be concluded that the priority is to decrease the thicknesses
of the cradle wall, rpo , and evaporator wall, tcap , should the design configuration allow.
In addition, increasing the evaporator passage radius, rpa , will provide a larger heat
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transfer surface area to transfer heat to the working fluid while it does not increase the
system’s weight significantly. This analysis shows the rest of the design parameters,
including rLQ , Whx , and Wr are properly adjusted to manage a 12kW heat loss while
the electric motor’s thermal demands are satisfied.

6.7

Conclusion
Military ground vehicles are progressing toward electric motor propulsion sys-

tems with rechargeable battery packs. This paradigm shift reduces the reliance on
fossil fuels while enabling silent autonomous operation for enhanced combat capabilities. This study optimizes a multiple pathway electric-motor cooling system. The
electric motor cradle size, coolant reservoir, and heat exchanger dimensions are the
design variables, while the cost function includes the system weight. The constraints
correspond to a medium-size vehicle undergoing a standard operating cycle for heat
rejection requirements. A nonlinear optimization method is implemented to find the
optimal design. This numerical study demonstrates a reduced overall weight has been
achieved for light-duty to medium-duty type of applications. This method can be used
as a design tool to find minimum hybrid cooling system weight with respect to the
electric motor pick temperature, heat rejection demands, and operating conditions
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Chapter 7
A Model Reference Adaptive
Controller for an Electric Motor
Thermal Management System in
Autonomous Vehicles
7.1

Abstract
Technological advancements and growth in electric motors and battery packs

enable vehicle propulsion electrifications, which minimize the need for fossil fuel consumption. The mobility shift to electro motors creates a demand for an efficient
electric motor thermal management system that can accommodate heat dissipation
needs with minimum power requirements and noise generation. This study proposes
an intelligent hybrid cooling system that includes a gravity aided passive cooling solution coupled with a smart supplementary liquid cooling system. The active cooling
system contains a radiator, heat sink, variable frequency drive, AC fan, DC pump,
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and real time controller. A complete nonlinear mathematical model is developed using a lumped parameter approach to estimate the optimum fan and pump operations
at each control interval. Four different control strategies, including nonlinear model
predictive controller, classical PI control, sliding mode control, and stateflow, are developed, and their performance is compared. The experimental results demonstrate
that the nonlinear model predictive control method is the most effective strategy,
which reduces the cooling system fan power consumption by 73% for only a 5% increase in the pump power usage compared to classical control for a specific 60 minute
driving cycle.

7.2

Introduction
Emphasizing reducing combat vehicle fossil fuel consumption, maintenance

costs, and noise generation has made the U.S Army consider innovative technologies
for the next generation of combat vehicles [54]. Considering the fact that relying
on fossil fuels on a battlefield could be a potential threat to U.S. national security,
electrified propulsion system could be a sustainable solution to enhance the security, reliability, and survivability of the soldiers. Vehicle electrification also enables
autonomy and improves vehicle mobility and durability. In vehicle electrification, a
high-efficiency electric motor with battery packs replaces traditional diesel engines
with high fuel consumption and heat generation rates. Vehicles could also feature a
hybrid propulsion system that includes single or multiple electric motors incorporated
with a diesel engine in a series or parallel configuration for applications requiring a
large amount of torque [87]. This evolution creates a demand for an advanced thermal management system that dissipates the generated heat properly and maintains
the heat load(s) within their prescribed operating temperature range(s) with minimal
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external power needs [88]. Depending on the heat dissipation needs, a passive, active,
or hybrid cooling system may be used to control the heat load’s operating temperature [73, 89–92]. Figure 7.1 graphically shows passive, active, and hybrid cooling
regions where the cooling solutions are located.

Figure 7.1: Hybrid heat rejection for medium load under moderate ambient conditions.

Current practices include conventional cooling methods supplying coolant or
airflow across the heat load housing for large heat dissipating needs [8]. Traditional
cooling systems contain several mechanical and electrical components (e.g., coolant
pump, fan assembly, radiator, wax-based thermostat, etc.) to dissipate the heat to the
ambient surroundings. While these methods generally offer adequate cooling capacity,
immoderate fan and pump operations can cause considerable electrical power usage,
which can be saved to extend the vehicle’s mission range. Besides, the cooling systems may suffer from a lack of precise temperature tracking system for temperaturesensitive applications. Relatively high noise generation, significant weight addition,
and large space requirements are the other major drawbacks associated with these
156

cooling techniques.
In recent developments, electro-mechanical actuators (e.g., variable position
thermostat valve), servo motors, variable speed pump and fan, and advanced transducers replace the old-fashioned components in traditional liquid cooling systems.
This advancement creates an opportunity to regulate the cooling system’s operation based on heat rejection demands through linear and non-linear control algorithms [14, 93, 94]. This strategy, known as smart cooling, could ensure the heat
loads’ operating temperature with reduced power consumption.
On the other hand, passive cooling systems may be implemented for low heatrejecting applications. Traditional passive cooling systems, relying on conduction
and/or free convection heat transfer modes, eliminates the need for external power
source for heat transfer. They usually contain no moving parts, which reduces the
risk of failure, maintenance cost, and noise generation. However, the absence of a
convective heat transfer coefficient and space restrictions limit the passive cooling capacity. Recent passive cooling innovations could offer several effective solutions that
improve cooling systems’ thermal performance while saving precious electrical power
usage. They include, but are not limited to, high thermal conductivity composite
fibers, advanced phase change materials, and two-phase passive devices [95–101] Two
phase passive devices (e.g., heat pipes, thermosyphon, etc.) became an attractive solution for thermal management of applications with low to moderate heat dissipating
requirements. Heat pipes are closed loop systems which contain an evaporator and
a condenser with a small amount of working fluid. This natural closed loop system
uses the potential of the latent heat of vaporization to provide a passive circulation
between the evaporator and condenser. Two phase passive devices could offer extraordinary thermal conductivity, outstanding structure flexibility, and long-lasting
durability. The thermal conductivity of heat pipes can be up to 100 times higher
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than a same size copper pipe [36]. The integration of heat pipes for low to moderate
heat generation applications (e.g., electric motors, battery packs, electronics, etc.)
has been numerically and experimentally investigated [75, 79, 90].
Recent studies demonstrate a hybrid thermal management configuration which
integrates passive cooling systems coupled with a smart liquid cooling system. The
hybrid strategy is suitable for applications in which the load’s heat generation rate
varies significantly during the operation such as electric propulsion systems. The heat
generation rate of an electric or hybrid propulsion system depends on the driving cycle, road profile, and ambient conditions. In an advanced hybrid cooling strategy, the
primary mode of heat transfer is generally passive while a computer-controlled liquid cooling system offers on demand cooling should the electric motor’s temperature
becomes excessive [42,59,60,102]. This study aims to develop a nonlinear model predictive control for a hybrid thermal management system which maintains the electric
motor’s temperature with reduced power consumption. The developed controller is
experimentally validated, and the cooling system power consumption is calculated.
The remainder of this paper is organized as follows. Section 7.2 explains
the proposed hybrid cooling system architecture. The corresponding mathematical
model for the hybrid cooling is developed in Section 7.3. Section 7.4 demonstrates
the nonlinear controller designs, and the experimental results are discussed in Section
7.5. Conclusions may be found in Section 7.6.

7.3

Cooling System Architecture
This study designs and develops an advanced hybrid cooling system for an

electric six-wheeled autonomous military vehicle featuring six in-hub electric motors,
shown in Fig. 7.2. The cooling system incorporates a complete closed loop passive
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system besides an advanced liquid cooling system. The liquid cooling system consists
of a variable speed coolant pump, radiator fan, and a radiator assembly. The pump
and fan operating cycles are computer-controlled using a nonlinear model predictive
control algorithm to maintain the electric motor’s operating temperature at the target
temperature with maximum efficiency.

Figure 7.2: Autonomous military ground vehicle – Six wheeled chassis featuring inhub electric propulsion.

The heat generation rate of electric motors may vary depending on the amount
of current running through the stator winding. The current is induced by the torque
applied on the wheels and it varies based on the driving cycles and operating conditions. The hybrid cooling system offers a sustainable passive heat rejection pathway
which continuously removes heat to the ambient surroundings. The passive cooling system can handle low to moderate heat rejection instances including constant
speed driving conditions and stationary modes of operation. In addition, a computer
controlled liquid cooling system is supplied to the electric motors for excessive heat
rejection demands. For instance, a large amount of torque may be required for high
hill climbing or abrupt changes in a road profile. Figure 7.3 graphically displays the
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cooling system configuration for the six wheeled autonomous vehicle.

Figure 7.3: Hybrid cooling system configuration for a six-wheel autonomous vehicle
featuring in-hub electric motors.

The integration of the hybrid cooling system requires an advanced thermal
interface that effectively transfers the generated heat to the cooling system. The
thermal interface, shown in Fig. 7.4, is called the ”Cradle” hereinafter. The cradle
structure contains an aluminum hollow cylinder and an attached endcap structure.
The components are fastened together using multiple capillary heat pipes embedded
within the cradle wall. The heat pipes, distributed in a radial fashion, improve the
effective thermal conductivity of the cradle. The electric motor is then enclosed
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within the cradle. The heat transfer occurs in both radial and axial directions from
the electric motor to the cradle. The attached endcap serves as an evaporator for the
passive system. It features a built-in passage which contains the working fluid. The
heat applied to the endcap raises the working fluid’s temperature up to the boiling
point where it turns to vapor and leaves the cradle. The liquid cooling system is
supplied to the cradle through a copper pipe coiled around the structure. Should the
electric motor’s temperature become excessive, the coolant pump starts operating at
a proper speed; it circulates the coolant between the coil and the radiator to dissipate
the heat to ambient surroundings.
Modern combat vehicles require a significant amount of power to support the
power train, on-board electronics, sensors, and communication systems. This power
creates a large amount of heat that needs to be rejected safely while hiding from infrared detector. The proposed cooling system features a compact thermal bus structure which routes the heat through restrictive pathways where even airflow is limited.
The heat travels the thermal bus to reach heat exchangers. The thermal bus can be
thermally insulated so that minimal heat transfer occurs along the structure to the
ambient surroundings. This concept may minimize thermal signature should infrared
thermal imagining be blocked.
The thermal energy eventually moves to two remote heat exchangers that
dissipate the heat to the ambient environment. The heat exchangers are arranged
in series or in parallel based on the vehicle configuration. The active cooling system
radiator features a variable speed AC fan assembly. Should the ram air be insufficient,
forced convective heat transfer is applied. The cooling system’s efficiency depends on
the operation of the coolant pump and radiator fan which require external electric
power for operation. The goal is to minimize the operation of the active components
while the electric motor’s temperature is securely maintained within the prescribed
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operating rage.

7.4

Mathematical Model
A complete mathematical model is developed to estimate the hybrid cooling

system’s performance featuring passive and active cooling strategies. This model may
be used to estimate the thermal behavior of the electric motor, thermal interface, thermal bus, and heat exchangers for different operating cycles and ambient conditions.
The electric motor’s heat generation rate is simulated as a function of vehicle speed
and the applied torque to the wheels. The thermal model of the hybrid cooling system is explained in the following subsections. The electric motor generates heat due
to the friction loss, Q̇f r , associated with bearing motions, induction loss,Q̇ind , due to
the current circulation, and heat from the outside world, Q̇o , and it may be written
as

Q̇em = Q̇ind + Q̇f r + Q̇o

(7.1)

The generated heat is initially transferred to the endcap structure and electric motor shell. The shell shares the collected heat between the passive and active
cooling systems. The heat may travel towards the passive endcap structure through
the embedded heat pipes while the remainder heat is received by the active cooling
system picks through the copper pipe coiled around the shell. The electric motor
thermal management system is mathematically modeled using the lumped parameter
approach. The thermal nodal network corresponding to the electric motor cooling
system architecture is shown in Fig. 7.4. The high-level diagram represents the thermal resistance of the components and introduces the system states. The thermal
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resistances depend on the system’s thermal properties and architecture.

Figure 7.4: Nodal thermal network for the hybrid cooling system featuring the cradle,
thermal bus, and dual heat exchangers.

7.4.1

Cradle
The cradle is also mathematically modeled using the lumped parameter ap-

proach. It includes a couple of thermal resistances, in parallel and series fashion, that
represent the conductive and convective heat transfers occurring within the cradle.
The cradle thermal nodal network representing the proposed cradle structure is shown
in Fig. 7.5.
The electric motor is enclosed in the cylindrical cradle structure while the cap
is thermally attached to the top of the electric motor housing. Therefore, the energy
balance at the electric motor may be driven as

Cem

Tem
Tem − Tcap
Tem − Tw
= Q̇em −
−
dt
RAL
RCR
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(7.2)

Figure 7.5: Electric motor and cradle cross-section area which illustrates the onedimensional representations of the thermal nodal diagrams.

where the terms Tem , Tcap , and Tw denote the electric motor, endcap, and cradle
wall temperatures while RAL and RCR are thermal resistances of the endcap and
the cylindrical cradle structure. Also, the symbol Cem represents electric motor heat
capacity. The endcap thermal resistance endcap, RAL , becomes

RAL =

LAL
kAL AAL

(7.3)

where LAL represents the length of heat transfer between electric motor and the
endcap, the term AAL denotes the endcap heat transfer surface area, and the term kAL
is the aluminum thermal conductivity. The thermal resistance between the electric
motor surface area and the cradle wall, RCR , may be written as

RCR =

w
ln rrem

2πLCR kAL

(7.4)

where rem denotes the electric motor radius, and rw represents the distance between
164

the motor center-line and the embedded heat pipes, and the height of the cylindrical
cradle is denoted by LCR .
The heat transferred to the wall continues in a radial direction towards the
outer surface area and moves in an axial direction to the endcap. Therefore, the wall
temperature, Tw , becomes

Cw

Tem − Tw
Tw − Tcap Tw − Tsu
Tw
=
−
−
dt
RCR
RHP
Rw

(7.5)

where Cw is the wall heat capacity, Tsu represents the outer surface area’s temperature.
The terms RHP and Rw represent the heat pipe and wall thermal resistances. The
thermal resistance of the wall in the cylindrical coordinate system may be determined
as

Rw =

ln rrsu
w
2πLCR kAL

(7.6)

where rsu denotes the cylinder outer radius. The heat pipe thermal resistance, RHP ,
has been well established [103] it is expressed as

RHP =

Rs Rf g
Rs + Rf g

(7.7)

where Rs denotes the shell’s thermal resistance, and Rf g is the phase change thermal
resistance and it may be determined as

Rf g = Rwe + Rpe + Rwc + Rpc

(7.8)

where the terms Rwe , Rpe , Rwc , and Rpc represent the thermal resistances of the
walls and the wick structures at the evaporator and condenser sections. The thermal
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resistance of the shell is expressed as

Rs =

Lef f
ks As

(7.9)

where Lef f , ks , and As represent the heat pipe effective length, thermal conductivity,
and heat transfer surface area, respectively.
The transferred heat vaporizes the working fluid filling the endcap. The resulted vapor creates a pressure difference across the evaporator and a remote heat
exchanger. The endcap design includes a built-in passage that always contains a
working fluid. The heat is then conducted through the evaporator wall and reaches
the working fluid. Therefore, the endcap temperature, Tcap , may be written as

Ccap

Tem − Tcap Tw − Tcap
Tcap − Twf,E
dTcap
=
+
−
dt
RAL
RHP
Rcap

(7.10)

where Ccap represents the endcap heat capacity and Twf,E is the working fluid’s temperature in the evaporator. The evaporator wall thermal resistance, Rcap , may be
expressed as

Rcap =

w
ln rrev

2πLcap kAL

(7.11)

where rev is the distance between the thermosyphon evaporator from the centerline,
and Lcap represents the perimeter of the endcap.
The temperature of the exterior surface area may be determined based on the
heat conducted in the radial direction from the cradle to the exterior surface area
and the heat moving to the coolant through the attached coil. Therefore, the cradle
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exterior surface area’s temperature, Tsu , may be driven as

Csu

dT su
Tw − Tsu
Tsu − Tf l,
=
−
dt
Rw
Rcoil

E

(7.12)

where Csu represents the heat capacity and Rcoil denotes the thermal resistance of
the coil and it may be modeled as a conductive thermal resistance such that

Rinn =

ln rrinn
su
2πLCR kcu

(7.13)

where kcu denotes the coil thermal conductivity, and rinn is the distance between the
coil interior surface and the centerline.

7.4.2

Thermal Bus
Tem − Tcap Tint − Tcap
+
= ṁw lv + ṁw cp,w (Twf,E − Twf,R )
RAL
RHP

(7.14)

where lv is the specific heat of vaporization, cp,w is the working fluid specific heat, and
the working fluid’s temperature at the heat exchanger is denoted by Twf,R . Equation
(14) may be simplified and the working fluid mass flow rate, ṁw , may be expressed
as

ṁw =

Tem −Tcap
RAL

+

Tint −Tcap
RHP

cp,w (Twf,E − Twf,R ) + lf

(7.15)

Improved heat transfer capabilities and reduced weight reduction may be
achieved by embedding capillary heat pipes within the cradle. Therefore, the cra-
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dle contains a number of heat pipes that fit within the wall, N , as
2πrint
Dhp + s

N=

(7.16)

where the term s represents the minimum spacing that must exist between each heat
pipe due to the manufacturing limitations.

7.4.3

Thermal Bus
The thermal bus structure includes a vapor and liquid line for the closed-loop

passive system, and a fluid supply line, and a fluid return line for the active cooling
systems. The pipes are separated with an insulating material so that the heat transfer
between the tubes are minimal. On the passive side, the applied heat to the working
fluid vaporizes the working fluid. Once the pressure difference between the evaporator
and the heat exchanger becomes sufficiently large, the vapor can travel the vapor line
and reach the heat exchanger. Therefore, the energy balance for the passive heat
rejection pathway becomes

CT S,
where CT S,

E

E

Tcap − Twf,E
dT wf,E
Twf,E − Twf,
=
−
dt
Rcap
RT S

is the evaporator heat capacity and Twf,

R

R

(7.17)

denotes the heat exchanger’s

temperature. The thermal resistance of passive system, RT S , depends on the mass
flow running between the evaporator and the heat exchanger and it may be written
as

RT S =

1
ṁw cv,w

(7.18)

where cv,w is the acetone specific heat and ṁw denotes the working fluid mass flow
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rate. The mass flow rate may be determined from the energy balance at the evaporator. Assuming that the endcap is always contains a mixture of working fluid liquid
and vapor, and the vapor temperature variation along the liquid and vapor lines is
negligible, energy balance becomes
Tem − Tcap Tint − Tcap
+
= ṁw lv + ṁw cp,w (Twf,E − Twf,R )
RAL
RHP

(7.19)

where lv denotes acetone’s latent heat of vaporization, and cp,w is the acetone specific
heat in the liquid phase. The mass flow rate, ṁw , may be written as

ṁw =

Tem −Tcap
RAL

+

Tint −Tcap
RHP

cp,w (Twf,E − Twf,R ) + lv

(7.20)

In addition, the thermal bus incorporates a liquid cooling system. The temperature
of the coolant at the water-jacket, Tf l,E , may be determined as

CLQ,E

Tsu − Tf l,E
Tf l,E − Tf l,R
dT f l,E
=
−
dt
Rcoil
RLQ

(7.21)

where CLQ,E denotes the water-jacket heat capacity and Tf l,R is the coolant temperature running through the radiator. The overall thermal resistance of the liquid
cooling system may be expressed as

RLQ =

1
ṁLQ cf

(7.22)

where ṁLQ and cf represent the coolant mass flow rate and the specific heat capacity.
The coolant mass flow rate may be determined as

ṁLQ = ρLQ ALQ V LQ
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(7.23)

where the symbols ρLQ , ALQ , and VLQ represent and the coolant density, the coolant
tube surface area, the coolant velocity which is experimentally estimated as

VLQ =

1
X

∝i v i c,LQ

(7.24)

i=0

7.4.4

Heat Exchangers
The two-phase passive system releases the latent and sensible heat of the

working fluid to the ambient through a heat sink and returns the cooled liquid to the
evaporator using gravity. The working fluid temperature at the heat sink,Twf,E , may
be expressed as

Chx

Twf,E − Twf,
dT wf,R
=
dt
RT S

R

−

Twf,R − T∞
Rhx

(7.25)

where Rhx denotes the overall heat exchanger thermal resistance, Chx is the heat
exchanger heat capacity, and T∞ represents the ambient air temperature. The thermal
resistance of the heat sink assuming that acetone enters the heat sink is determined
as

Rhx =

1
hhx Ahx

(7.26)

where hhx represents the convective heat transfer coefficient, and Ahx is the heat
transfer surface area between the working fluid and the heat sink. Similarly, the
energy balance at the active radiator may be written as

Cr

dT f l,R
Tf l,E − Tf l,R Tf l,R − T∞
=
−
dt
RLQ
Rr

where Tf l,R denotes radiator’s temperature, Cr is the heat capacity, and R
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(7.27)
r

is the

radiator’s effective thermal resistance. The radiator convective thermal resistance is
calculated based on the convective heat transfer coefficient, hr (t). The coefficient is
estimated through the NTU method with real time temperature measurements at the
radiator inlets and outlets. Therefore, the variable thermal resistance of the radiator
may be formulated as

Rr =

1
hr (t) Ar

(7.28)

where the Ar denotes the average radiator heat transfer surface area between the
radiator and the air. The air flow rate hitting the radiator structure, ṁa , may be
determined as a function of the average air velocity, Va , as

ṁa = ρa Ar Va

(7.29)

where ρa is the air density and Ar represents the heat transfer surface area to the
ambient air. The ram air effect is neglected in this study and the air velocity is
determined experimentally based on the applied voltage to the AC fan frequency
drive, vc,a , as

Va =

1
X

βi v i c,a

(7.30)

i=0

7.4.5

Nonlinear Controller Design
Four control strategies will be developed and applied to the hybrid cooling

system for electric motor temperature tracking under a specific driving profile. When
properly designed, the actuators operating time is minimized while the electric motor’s operating temperature is secured about the specified set point value. The energy
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consumption of the hybrid cooling system only attributes to the fan and pump operations when the liquid cooling system is activated. This control strategies provides on
demand cooling by switching between passive and hybrid cooling modes to minimize
the system power consumption.
This study considers only one of the in-hub electric motors as the heat generating component for setting up the optimization problem and modeling the nonlinear
controllers. Thus, Eqs. (7.1) through (7.29) may be rearranged in a compact nonlinear form x̄˙ = f (x, u) for x ∈ R8×1 .


x1 −x2
Cem RCR

x1 −x3
Cem RAL

Qem
Cem



−
+
−



 x1 −x2
x2 −x3
x2 −x6


−
−
Cw RHP
Cw Rcoil 
 Cw RCR


 x1 −x3 + x2 −x3 − x3 −x4 
 Ccap RAL Ccap RHP
Ccap Rcap 




x3 −x4
x4 −x5
 CT S, E Rcap − CT S, E RT S 

x̄˙ = 


x4 −x5
x5 −T∞


−
Chx RT S
Chx Rhx




x2 −x6
x6 −x7


−


Csu Rw
Csu Rcoil




x6 −x7
x7 −x8
− CLQ,E RLQ


C
R
LQ,E
coil


x7 −x8
x8 −T∞
− Cr Rr
Cr RLQ

(7.31)

where x = [Tem T w Tcap Twf,E Twf,R Tsu Tf l,E Tf l,R ]T and u = [ ṁLQ ṁa Qem T ∞ ].
The electric motor heat generation rate depends on the vehicle driving profile and
the ambient temperature is not controllable. Therefore, they both may be regarded
as measured disturbances. The coolant mass flow rate, ṁLQ , and the air flow rate,
ṁa are controllable which are considered as manipulated variables in this problem.
The controller design begins with the development of a nonlinear MPC controller which requires this problem to be converted to a nonlinear optimization problem with a quadratic cost function and constraints [104]. Therefore, Eq. (31) is
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discretized with a sample rate of τ and it may be written as

x (k + 1) = x (k) + f (x (k) , u (k))τ

(7.32)

where the terms k and k+1 are the current and next time steps. Similarly, the control
input vector at the current time step may be expressed as

u (k) = [ṁLQ (k)

ṁa (k)

Qem (k)

T∞ (k)]

(7.33)

The input sequence, Uk , from time step k to k+p-1 may be defined as

Uk = [u(k)

u(k + 1)

...

u(k + p − 1)]

(7.34)

where p is the preselected prediction horizon. Applying restrictions to the difference
of the input sequences between adjacent time steps can avoid excessive changes in
the coolant and air changes such that
(
∆Uk (i) =

Uk (i) − Uk−1 (1)

Uk (i) − Uk−1 (i − 1)

ı=1

(7.35)

1<i<p

The electric motor’s temperature at time step k + 1 may be rearranged and
solved using Eq. 27 as

x1 (k) = [1 0 0] (x (k − 1) + f (x (k − 1) , u (k − 1)) τ )

(7.36)

The quadratic cost function, J, becomes

Jk = Q(Tset − x1 (k))2 + R(∆Uk (i))2
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(7.37)

where Tset represents the prescribed operating temperature set point temperature for
the electric motor and the terms Q and R are the weights for temperature tracking
and input change rate. The overall cost function starting from time step k within the
prediction horizon, P , may be formulated as

Jk→k+p−1 =

p
X

Q(Tref − x̄1 (k + i))2 + R(∆Uk (i))2

(7.38)

i=1

The developed nonlinear model predictive controller integrated sequential quadratic
programming algorithm. Therefore, the optimum control input sequence, Uk,opt , leading to the minimum value for the cost function can be solved as

Uk,opt = arg min Jk→k+p−1 (Uk )

subject to Umin ≤ U k ≤ Umax

(7.39)

where the vectors Umin ∈ Rp×1 and Umax ∈ Rp×1 denote the minimum and maximum
input signal sequences and may be written as Umin = [u̇min ]T and Umax = [u̇max ]T .
The performance of nonlinear model predictive control algorithm is compared
classical PI, non-linear sliding mode control (SMC), and state flow (SF) methods to
regulate the heat load’s operating temperature with minimum cooling system power
consumption. The proportional and integral gains are selected using a MATLAB
toolbox and summarized in Table 7.1.
Next, a sliding mode controller is created to regulate the operation of the
liquid cooling system [105]. Considering the nonlinear dynamic system presented by
Eq. (29), the system’s output is the electric motor’s operating temperature such that

y = x1
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(7.40)

The output tracking error, e, may be defined as

e = Tset − y(t)

(7.41)

where y(t) denotes the system’s output. The sliding surface, S, is chosen to be
linear function being a function of tracking error and its first derivative and it may
be expressed as

S(t) = ė + ce

(7.42)

where c is a positive number and may be found in Table 7.1. The goal is to
design a controller that drives the sliding surface to zero which derives the tracking
error to zero.
The fourth controller is developed using a Stateflow control algorithm which
switches between “ON” and “OFF” modes when the input signal crosses the threshold
between Tc and Tset .

7.5

Experimental Results and Discussion
A bench top scale hybrid cooling system has been designed and fabricated in

the laboratory, refer to Fig. 7.6, so that the performance of four real time controllers
can be evaluated. The experimental system is capable of transferring heat between
the electric motor and the remote heat exchangers using passive and active cooling
channels. The experiment considers heat loads between 200W ¡Qem ¡ 3kW during a
60-minute drive cycle.
The electric motor is emulated using six AC cartridge heaters distributed in
a radial fashion within the cylindrical aluminum block. The heaters are computer175

Figure 7.6: Bench top experimental setup designed for electric motor cooling system
featuring passive and active systems.

controlled which enable the simulation of several steady-state and time-dependent
driving cycles using an Arduino board, three relays, and a rheostat. The system
design parameters and control variables are summarized in Table 7.1.
The room temperature is maintained at T∞ =23◦ C during the tests. The
components’ initial temperatures are set at the ambient temperature. The bench top
system features a passive gravity-aided thermosyphon, and an active liquid cooling
system. The thermosyphon was filled with 25% acetone to water mixture to ensure
the availability of evaporator working fluid. The liquid system includes a radiator,
coiled evaporator, coolant, DC pump, a VFD fan, and the controller. Five T-type
thermocouples measure the electric motor and cradle metals, ambient, thermosyphon
evaporator, and radiator inlet fluids. A USB-6211 National Instrument data acquisition measures the signals and generates control signals. An AC and DC current
meter measures the actuators’ power consumption.
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Table 7.1: Summary of model parameters with values
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In previous studies [78], the emulated electric motor was successfully cooled
using a thermosyphon. Approximately 1kW of heat was continuously rejected to ambient surroundings so as to maintain the operating temperature below 70◦ C . One
gap that merits investigation is integrated heat rejection pathways for higher thermal loads. The remainder of this study focuses on the performance of the control
algorithms on the active cooling and their impacts on the cooling system power consumption and the target temperature tracking. A series of experimental tests to
evaluate the controllers’ performance for the driving profile shown in Fig. 7.7 will
be conducted. This operating cycle features accelerations, steady state speeds, and
deaccelerations. The overall efficiency of the electric motor is assumed to be 95%
which produces the heat load.

Figure 7.7: Electric motor heat generation as function time.

The target electric motor operating temperature, Tset , is set at 70◦ C. The
four controllers are tested one at the time, and the time dependent heating power is
applied; Test 1 - NMPC, Test 2 - SMC, Test 3 - SF, and Test 4 - PI. The controllers
regulate the liquid cooling system two actuators’ speed and operating time to maintain
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the electric motor’s temperature below the maximum prescribed temperature.

Table 7.2: Experimental test matrix exploring the power consumption of the cooling
system subject to a time-dependent driving cycle.

The experimental results, presented in Fig. 7.8, include the electric motor,
endcap, and ambient temperatures, as well as the coolant and acetone temperatures
at the radiator and heat sink inlets. Once the heat load (input) is applied, the e-motor
and cradle metal temperatures gradually increased from ambient room temperature
of 23◦ C to operating limits. The cooling system initially relies on the acetone filled
passive system which collects the heat via the endcap. This endcap heats and vaporizes the working fluid at 58◦ C. The vapor travels to the heat sink where it releases the
latent and sensible heat to the surrounding. In general, the vapor reaches the heat
sink at 900s and immediately raises the measured temperature from 23◦ C to 53◦ C
due to the cradle to heat sink thermosyphon effect.
The parallel liquid cooling system offers on-demand heat removal based on the
electric motor operating temperature requirements. The real time controllers maintain the e-motor’s temperature such that |Tem − Tset | =0.6◦ C. During the passive
mode of operation, the coolant temperature at the radiator’s inlet essentially remains
constant due to no fluid circulation. Once the electric motor’s temperature becomes
high, the controller actively commands the pump and the fan combination until the
temperature resides below the minimum threshold. Upon initial operation, the radiator coolant temperature quickly reaches the motor temperature before dropping
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(a)

(b)

(c)

(d)
Figure 7.8: Thermal responses of the electric motor, cradle, working fluid at the heat
sink’s inlet, coolant fluid at the radiator’s inlet, and ambient for the presented driving
cycle with implementation of (a) Test 1 – NMPC; (b) Test 2 – SMC; (c) Test 3 – SF;
and (d) Test 4 – PI.
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due to the initial fluid in the coil. This pattern repeats as the coolant pump and
fan are cycled on and off which introduces the fluctuations in the motor and cradle
temperature profiles.
Four controllers are introduced in the cooling system, and the motor temperature plus pump and fan power consumption investigated as shown in Table 7.2 and
Fig. 7.9 and Fig. 7.10. As expected, the NMPC requires less power to keep the
electric motor’s temperature below its maximum prescribed operating limit. The experimental data demonstrate that the NMPC regulates the fan and pump operations
independently unlike the other controllers. This technique reduces the fan operation
significantly which impacts the total power required to reject the excess heat. The
results also show that the state flow controller could offer smooth operating cycles
for pump and fan operations, refer to Figs. 7.9(c) and 7.10(c). This control strategy
switches the actuators between on and off modes as opposed to the other methods
that vary the actuators’ speed between zero to maximum. This speed variations, discrete VS continues, may influence the system’s durability and reduce the actuators’
efficiency in some instances.
In summary, this experimental study demonstrates that the proposed hybrid
cooling system featuring the NMPC controller is an efficient strategy to maintain
the motor below the maximum prescribed operating temperature. Compared to the
classical PI method, the NMPC could reduce the fan power consumption by 73%
(2.42 VA-hr) for only a 5% (0.2 W-hr) increase in pump power usage over the entire
cycle.
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7.6

Conclusion
Autonomous vehicles with electric propulsion systems require an advanced

thermal management system to accommodate low to high heat rejection demands with
zero to minimum external power requirements. This study proposed a hybrid cooling
system that incorporates a passive heat transfer pathway with a computer-controlled
liquid cooling system. The ‘cooling system relies on passive mode while the liquid
system offers on-demand cooling based on the electric motor’s heat generation rate for
reduced cooling system power consumption. Four different controllers are developed
using Nonlinear Model Predictive Control, Classical Control, Sliding Mode Control,
and Stateflow algorithms. The performance of the cooling system is investigated
for a specific time-dependent driving cycle over a 60-minute run time. Compared
to the classical PI method, the NMPC strategy could regulate the electric motor
temperature with 73% reduction in fan power consumption for only a 5% increase in
pump power usage.
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(a)

(b)

(c)

(d)
Figure 7.9: Pump power consumption due to the operation of active cooling system
featuring (a) Test 1 – NMPC; (b) Test 2 – SMC; (c) Test 3 – SF; and (d) Test 4 – PI
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(a)

(b)

(c)

(d)
Figure 7.10: Fan power consumption due to the operation of active cooling system
featuring (a) Test 1 – NMPC; (b) Test 2 – SMC; (c) Test 3 – SF; and (d) Test 4 – PI
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Chapter 8
Conclusions
Vehicle electrification continues to grow fast in the automotive and aerospace
industries to make electrical energy the primary energy source for transportations.
However, the integration of electric motors with battery packs in a compact structure
has required a complex design with advanced onboard electronics. While an electric powertrain offers several advantages over traditional systems, the configuration
creates complex thermal challenges due to the unique operating conditions, design
configuration, size, and heat rejection needs. These challenges have made thermal
management a crucial design aspect for enhanced powertrain electrification.
The integration of an electric motor instead of giant internal combustion engines significantly reduces the powertrain’s heat generation during the operating time.
This paradigm shift in mobility created an exciting opportunity to design and develop
an advanced vehicle thermal management system that can handle low, medium, and
high heat dissipation with minimal external power requirements. The presented dissertation proposed a hybrid cooling strategy that contains at least one passive heat
rejection pathway in parallel with an advanced computer-controlled liquid cooling
system in a thermal bus configuration. The goal is to minimize the cooling system
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power consumption by relying on passive cooling solutions over the low and moderate heat generation modes, while a compact computer-controlled variable speed
active system offers on-demand cooling for excessive heat-dissipating scenarios. The
hybrid approach significantly reduces the active cooling system operating time which
immediately impacts the total cooling system power consumption. Besides, should
the active cooling system stops operating, the passive cooling system allows continued
operation at reduced loads.
The dissertation offers several hybrid cooling system architectures for eclectic
vehicle thermal management. Each design is followed by a comprehensive computational model which simulates the dynamic behavior of the cooling system subject to
several steady state and transient input loads. The developed mathematical models are then validated through experimental testing designed and developed in the
laboratory. The outcomes demonstrate that there is a good agreement between the
numerical and experimental results. The validated mathematical models are then
used to create real-time supervisory controllers and optimize the hybrid cooling system design configuration for different driving conditions.
First, a heat pipe-based thermal bus is proposed. The mechanism passively
transfers the heat between an electric motor and a remote heat changer. A U-shaped
pulsating heat pipe is numerically modeled to describe the thermal behavior of heat
pipe-based thermal bus subject to a specific time-dependent heat input. The numerical simulations demonstrate that low to moderate thermal load can be transferred
to the ambient with no external power requirements.
Second, a novel hybrid thermal management with multiple passive heat rejection pathways in a parallel configuration with a conventional active cooling system
is introduced. A mathematical model for each individual heat rejection pathway is
developed to investigate the proposed hybrid ground vehicle cooling system’s thermal
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behavior. The numerical results indicate that parallel passive heat rejection pathways offer adequate cooling for moderate heat dissipation needs over a single ambient
temperature.
Third, an experimentally study is conducted to explore the thermal response of
an electric motor hybrid cooling system featuring a thermal bus with multiple passive
cooling pathways coupled with a computer-controlled liquid cooling system. The
experimental results showed that the designed hybrid cooling system could maintain
the heat load’s temperature with the target temperature limit with 93% energy saving
for a light-duty application.
Fourth, a heat pipe-based hybrid cooling system is designed for electric motor
cooling applications. The passive system consists of multiple capillary-forced heat
pipes with an attached finned structure heat sink. A computer-controlled conventional liquid cooling system is then supplied to the heat load for excessive heat dissipation demands. The complete system is mathematically modeled using a lumped
parameter approach. The created mathematical model is validated through benchtop
experimental testing for several heat inputs and configurations. The results indicate
the proposed hybrid cooling system could save up to 33% of the energy consumption
while 250VA thermal load is applied.
Fifth, an optimization problem is set up to minimize a hybrid cooling system
design configuration for electric motor cooling. The cooling system consists of multiple
passive and active heat rejection pathways. The electric motor cradle size, coolant
reservoir, and heat exchanger dimensions are the design variables, while the cost
function includes the system weight. The constraints correspond to a medium-size
vehicle for a low, medium, and heat rejection requirements. This numerical study
demonstrates that reducing the overall cooling system weight is feasible for lightduty to medium-duty vehicles.
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Sixth, four different real-time supervisory controllers are developed based on
Nonlinear Model Predictive Control, Classical Control, Sliding Mode Control, and
Stateflow algorithms. The hybrid cooling system’s performance and the controllers
are investigated for a specific time-dependent driving cycle over a 60-minute run
time. Compared to the classical PI method, the NMPC strategy could regulate the
electric motor temperature with 73% reduction in fan power consumption for only a
5% increase in pump power usage.
Overall, the presented research conducted on hybrid cooling strategy demonstrates that hybrid strategy is an efficient cooling solution for electric and hybrid
vehicles. The computational and experimental results show that the electric vehicle’s
heat loss is manageable with a properly designed passive cooling system with a little
liquid cooling system operation over multiple driving cycles. The reduced reliance
on active cooling enhances the cooling system efficiency with minimal temperature
tracking error. Future work includes implementing a hybrid cooling system on a read
electric vehicle and learning about the thermal challenges on the road over real driving
conditions.

8.1

Recommendations for Further Study
The dissertation established a fundamental basis to address the cooling chal-

lenges for the next generation of electric vehicles. The numerical and experimental
results demonstrated that the proposed hybrid cooling strategy is an efficient solution
to maintain the onboard heat load(s) within their proscribed operating range with
minimal power requirements and negligible temperature tracking error. Further work
is summarized as follows.
• The presented study incorporated a gravity-aided thermosyphon as a passive
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heat transfer pathway between the heat load and the heat exchanger. However,
the configuration of thermosyphon may bring some thermal challenges for vehicular applications as the vehicle’s orientations continuously vary with the road
profile. A loop heat pipe could be a suitable alternative passive solution due to
its limited sensitivity to gravity and extra ordinary heat transfer capabilities.
• In previous experimental studies, an emulated electric motor simulated the input heat to the hybrid cooling system. Further experimental testing may be
conducted on an actual electric vehicle with in-hub electric motors. Under the
real operating conditions, the testing will introduce thermal and control challenges that an electric vehicle may experience over a real driving scenario.
• The study considered a single heat load interfaced with the developed hybrid
cooling systems. A complete vehicle thermal management system may be designed, modeled, and tested for an electric vehicle containing several heat loads
with different operating temperature limits.
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